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ABSTRACT

Full Name : Farooq Riaz Siddiqui

Thesis Title  : Development of a novel hybrid storage system for aqua-ammonia
solar absorption refrigeration cycle

Major Field : Mechanical Engineering - ThermoFluids

Date of Degree : January, 2014

This research work proposes the development of a novel hybrid storage absorption
refrigeration (HSAR) cycle using agua-ammonia mixture, capable of providing
continuous refrigeration and is powered by solar energy. The cycle integrates a cold
storage tank with two aqua ammonia storage tanks and one ammonia storage tank to
accommodate a 24-hour uninterrupted daily cooling load. During the daytime, solar
energy is used to provide the refrigeration that suffices both the daily cooling load and
the production of both ammonia and ice for the night cooling load. The cold storage tank
together with the ammonia and aqua-ammonia tanks share the night cooling load. The
proposed absorption cycle reduces the size of the storage tanks by 50 % or even more for
the same cooling capacity compared to the currently available storage designs. The
proposed cycle continues the refrigeration even if one of the storage tanks ceases to

operate or need maintenance.

The study also explores the impact of unsteady solar intensity and ambient
conditions on the operation and performance parameters of an aqua-ammonia absorption
chiller of 5kW cooling power. It presents an unsteady analysis for five representative
days of summer and winter in Dhahran, Saudi Arabia. The unsteady analysis gives the

variation of the absorption-chiller parameters every one hour. Capacity of these tanks and

XXii



the required solar collectors area are computed for 24-hour operation per day at SkW
cooling power. The results show that, for the given cooling load in Dhahran, the
coefficient of performance is better in winter than in summer (0.68 as compared to 0.39)

but the required solar collector field area is more in winter than in summer.

This research work applies energy and exergy analysis for comparing a solar-
powered absorption refrigeration system with different storages. These storages include
refrigerant, cold/ice and a combination of refrigerant and cold/ice storage systems (hybrid
storage) to ensure meeting the night time cooling demand. The results indicated a slight
drop in coefficient of performance (COP) and exergetic coefficient of performance
(ECOP) in HSAR system compared to that of the refrigerant storage system while the
cold storage system achieves the least COP/ECOP. An exergo-economic analysis is
implemented on HSAR cycle to compare the components based on the costs of initial
capital investment and the costs of irreversibilities. The components of the refrigeration
cycle are also evaluated and compared using exergo-economic variables such as the
relative cost difference, exergy destruction cost rate and exergo-economic factor. The
effect of generator temperature, condenser temperature and evaporator temperature on the
exergetic efficiency of the system is also studied. Finally, this research work presents a
quasi-steady exergy and exergo-economic analysis for a representative summer day of
Dhahran region. This study can be further used in the optimization of design variables of

the studied refrigeration cycle.

MASTER OF SCIENCE DEGREE
KING FAHD UNIVERSITY OF PETROLEUM AND MINERALS

Dhahran, Saudi Arabia
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CHAPTER 1

INTRODUCTION

Depletion of fossil fuels is the result of excessive energy demands in the last few
decades. Dependency on fossil fuel has also resulted in global warming and pollution.
Solar energy is an alternative cheap energy source which has attracted the attention of the
researchers in the last few decades. More than 60 % of the electricity used in the building
sector in KSA is consumed in air conditioning and refrigeration [1]. KSA is one of the
few countries with abundant solar energy available all along the year. This cheap energy
can be used effectively for refrigeration cooling to reduce the fossil fuel dependency.
Therefore some recent research [1] has been carried out to develop a 24-h operating aqua
ammonia absorption refrigeration cycle using different storage options to overcome the
intermittency caused by the absence of solar energy at night. Research has shown that
chillers with ice storage system are less efficient than heat storage and refrigerant storage
systems. Also if any of the storage tanks ceases to work, refrigeration cannot be produced
for 24 hours. The present study considers the development of a hybrid storage absorption
refrigeration (HSAR) system (combined cold and refrigerant storage) with downsized
storage tanks for the same cooling capacity. HSAR provides uninterrupted refrigeration if

any storage tank ceases to work or needs maintenance.



1.1 Various designs of absorption refrigeration cycle

1.1.1 Single-effect absorption system

A single effect absorption refrigeration system is composed of a generator,
absorber, condenser and evaporator. Figure 1-1shows the H,O-LiBr absorption
refrigeration system. In a single effect system, low-grade thermal energy is used as a heat
input to the generator. The energy released in the absorber and condenser results in
irreversibility because a large portion of the heat input at the generator is wasted in the
condenser and absorber. In order to reduce irreversibility, a solution heat exchanger is
used in between the absorber and the generator. The weak solution from the generator at
high temperature transfers heat to the cold concentrated solution coming from the

absorber in the solution heat exchanger.

In the absorber, the refrigerant vapors are absorbed by the absorbent and hence an
exothermic process results in the dissipation of energy. Solution heat exchanger has a
significant effect on the system COP. Refrigerant heat exchanger may also be employed
between the condenser and the evaporator but it has a little effect on the COP of the

absorption system.



generator

Q %

absorber

¥

condenser

Figure 1-1 Single effect absorption system

'}

evaporator




1.1.2 Absorption heat transformer

Absorption refrigeration cycles are composed of three temperature levels, high
temperature, intermediate temperature and low temperature levels. In case of absorption
refrigerators or air conditioners, heat is supplied to the high temperature level (generator)
while refrigeration or cooling effect is obtained at low temperature level (evaporator).

Heat is rejected to the atmosphere at intermediate temperature level (condenser).

In absorption heat transformer, heat is supplied to the intermediate temperature
level while heat is rejected to the low temperature level. The useful output is obtained at
the high temperature level. Hence in absorption heat transformer, low graded thermal
energy is converted to high temperature level. The expansion valve between the
condenser and the evaporator in absorption refrigeration system is replaced by a pump in
absorption heat transformer. The low grade thermal energy is absorbed by the generator.
The refrigerant in liquid phase is pumped to the evaporator where it absorbs the low
grade thermal energy which is used as a heat input to the generator. The refrigerant vapor

is absorbed in the absorber where the heat is released at the high temperature level.
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1.1.3 Double effect absorption refrigeration cycle

1.1.3.1 For LiBR system

The purpose of multi effect absorption refrigeration cycle is to obtain higher
efficiency than single effect systems. The heat of vapor condensation in stage 1 is used as
a heat input in the generator of stage 2. The weak solution from stage 1 is introduced into
the generator of stage 2 to further extract ammonia vapors. The system shown in
Figure 1-3is a three-pressure system, i-e high pressure, intermediate pressure and low
pressure. A double effect absorption refrigeration system is considered as a combination

of two single effect systems. The COP for double effect system is calculated as:
COPgouble = COIDsingle + (COPsingIe)2 (1.1)

1.1.3.2 For Aqua Ammonia system

For agua ammonia double effect system, a two pressure system was developed.
The heat from an external source is supplied to generator 1l while the heat of absorption
from absorber 11 is used as a heat source for generator I. hence absorber is operated at

higher temperatures to generate enough heat for generator I.
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1.1.4 Half effect absorption refrigeration cycle

Half effect absorption refrigeration cycle can be considered as a combination of
two single effect systems in which a low-grade thermal energy is supplied to both
generators. Its configuration is exactly the same as a double effect absorption
refrigeration system for aqua ammonia solution except the difference in heat input
processes. In half effect systems, both absorbers reject heat and hence the COP of half

effect absorption refrigeration systems is relatively less.

1.1.5 Absorption refrigeration cycle with GAX

GAX stands for generator absorber heat exchanger. The COP of the single stage
absorption cycle becomes equal to the double stage system by using GAX. The cycle
consists of two single-stage systems in parallel with the use of GAX which simplifies the
cycle. In GAX cycle, the heat of absorber is utilized by the generator thus results in an

increase of system COP.
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1.1.6 Absorption refrigeration cycle with absorber heat recovery

In the absorber, the absorbent absorbs the refrigerant which results in heat
dissipation by an exothermic process. A secondary fluid takes the heat from the high
temperature section of the absorber to the low temperature section of the generator.

Hence, the heat input in the generator is decreased and the COP of the system increases.

1.1.7 Dual Cycle absorption refrigeration

This cycle is somewhat similar to double effect absorption cycle. In this cycle,
two single effect absorption cycles work in parallel with two different fluids. The heat
rejected by the absorber and condenser of aqua ammonia system is used as a heat input in
the generator of LiBr cycle. The heat of absorber and condenser of LiBr cycle are usual

dissipated to the atmosphere.
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1.1.8 Continuous Absorption Refrigeration system

Absorption refrigeration systems are different from conventional vapor
compression systems in a way that the compressor unit is replaced by the absorber unit.
The absorber unit is composed of an absorber, a pump and a generator. The refrigerant
vapors formed by the generator are sent to the condenser. In condenser, the vapors are
converted into saturated liquid and passed on to the evaporator via expansion valve. The
refrigerant takes the heat of the cooling space and is converted to saturated vapors. The
refrigerant vapors are absorbed by the absorbent in the absorber and hence, heat of this
exothermic process is dissipated to the environment. The strong solution thus formed in
the absorber is allowed to pass through a pump and enters into the generator. In
generator, the refrigerant evaporates and a weak solution enters into the absorber through

a valve.

In agua ammonia absorption cycle, two additional components namely, rectifier
and dephlegmator, are used to ensure that pure ammonia enters into the condenser.
Rectifier is composed of series of baffles which separates water from ammonia. In order
to ensure 99.9 % pure ammonia going into the condenser, dephlegmator unit is used after
the rectifier. Dephlegmator is a heat exchanger in which external fluid is used to
condense water present in ammonia vapors. The main advantage of aqua ammonia
absorption system over the LiBr absorption system is its ability to provide cooling at
subzero temperatures. LiBr system cannot reach below 0 C as water is the refrigerant and

it blocks the refrigerant piping with ice.
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1.1.9 Intermittent Absorption Systems

An Intermittent absorption refrigeration system is composed of generator —
absorber unit and a condenser — evaporator unit. Intermittent systems are composed of
two processes, regeneration and refrigeration. Regeneration means the separation of
refrigerant vapors from absorbent by means of thermal energy. The vapors thus formed
are allowed to enter into the condenser. When the entire refrigerant enters into the
condenser, the valve is closed. The generator is allowed to cool and now behaves as an
absorber. The absorber is at low pressure than condenser. As the valve is opened again,
the condenser behaves as an evaporator and refrigerant vapors hence formed are sent into

the absorber. The process continues until all the refrigerant enters into the absorber.

For Solar intermittent systems, regeneration takes place during the day time
whereas the refrigeration occurs at night. When the heat is supplied to the generator at
daytime, the temperature of the generator rises from 1 to 2 as shown in Figure 1-11.
When the solution in generator reaches a saturation state, refrigerant vapors are formed
and the concentration of solution becomes weak in refrigerant. The liquid in generator is
allowed to cool so that its state becomes 4 as shown in Figure 1-11. When the valve is
opened and the refrigerant is allowed to enter into the absorber during the night time, the

solution concentration increases and the cycle is completed.

14
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1.2 Thesis Objectives

The salient objectives of this research work are as follows:

Development of hybrid storage absorption refrigeration (HSAR) cycle.
Thermodynamic analysis of HSAR cycle on EES Software Package.

Unsteady analysis of HSAR cycle for both summer and winter using Dhahran
ambient conditions.

Economic study of HSAR cycle.
Study the impact of different design cases on size of storage tanks.

Exergy analysis to investigate the exergy losses associated with major
components of HSAR cycle.

Exergo-economic evaluation of HSAR cycle.

1.3 Methodology of Proposed Work

The following methodology was adopted for this research work:

A detailed literature review of agua ammonia absorption refrigeration systems.
Development of a novel HSAR cycle.

Thermodynamic analysis of HSAR cycle (mass and energy balance equations)
using EES Software.

Study the impact of different designs of HSAR cycle on size of storage tanks.
Cost breakdown assessment of HSAR cycle with the assistance of Chinese
manufacturers for aqua-ammonia chillers.

Unsteady analysis of HSAR cycle using Dhahran ambient conditions for year
2011.

Implementation of exergy analysis of HSAR cycle on EES Software.

Exergo-economic evaluation of HSAR cycle on EES Software.
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CHAPTER 2

LITERATURE REVIEW

Said et al. [1] studied the 24 hour operating cycle of solar powered aqgua ammonia
absorption refrigeration system. Three different storage systems were considered to
ensure 24 hour operation, cold storage, refrigerant storage and heat storage tanks. The
three storage systems were used in the analysis of continuous based operation cycle while
only the cold storage tank was considered in intermittent system. It was found that the
system with hot storage tank produced maximum COP followed by the cold storage tank.
El Shaarawi et al. [2] developed new set of correlations for estimating the design
parameters of intermittent solar powered absorption refrigeration systems. These design
parameters were the functions of four operating temperatures. The developed correlations
were found easy to use and can be used effectively with a percentage error of less than
3%. Brendel et al. [3] developed a small scale ammonia absorption chiller with cooling
capacity of 10 kW. Ice storage tank was integrated in the system along with the
absorption chiller to enhance the overall system performance. TRANSYS simulations

were performed to access the feasibility of using this system as a heat pump in winter.

Cerezo et al. [4] performed an experimental study using a plate heat exchanger for
absorber in absorption refrigeration systems. It was suggested that relatively low COP of
such machines could be compensated by increasing the heat and mass transfer properties
in critical components like absorber. They also studied the effects of absorber operating
conditions on system performance. Abdulateef et al. [5, 6] investigated the performance

of solar absorption refrigeration system in Malaysia. They studied the effects of
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generator, condenser and absorber temperatures on the COP of the system. It was
observed that a high generator temperature was required if a high cooling load and low
evaporator temperature were desired. The results showed that with increase in condenser
and decrease in evaporator temperatures, COP decreases. They also performed
thermodynamic analysis of solar absorption refrigeration system using different solution
pairs. It was found that ammonia lithium nitrate and ammonia sodium thio-cyanate give
better performance than aqua ammonia solution. It was also investigated that ammonia
sodium thio-cyanate had chances of crystallization and hence cannot be used at

evaporator temperature below -10 C.

Chidambaram et al. [7] presented a review on different solar cooling technologies
and storage systems. It was found that latent heat storage systems which involve phase
change material (PCM) has more dense energy storage with a narrow temperature range
as compared to the sensible heat storage (SHS). Half and single effect chillers required
less temperature at generator as compared to the multi effect systems. Cheap flat plate or
evacuated tube solar collectors were found appropriate for single effect systems as these
systems do not require very high generator temperature. Koca et al. [8] performed
analysis of a latent heat storage of a phase change material (CaCl2. 6H20) for solar
collectors. A special heat transfer fluid was used to carry the heat energy obtained from
the solar collectors to phase change material (PCM). The average energy and exergy

efficiencies were found to be 45 % and 2.2 % respectively.

Mokhtar et al. [9] investigated economics and performance of 25 different solar
cooling technologies. It was found that flat plate and evacuated tube solar collectors are

affected by the ambient conditions and hence these needed to be modeled on hourly
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basis. It was found that absorption chillers are degraded severely by hot climate and
hence efficient cooling methods should be used for heat rejection in condenser and

absorber.

Pongsid et al. [10] provided the detailed literature review of different types of
absorption systems. Different absorption cycles are compared to invent new efficient
cycles. Multi effect systems with increased COP have shown a great potential to be used
for large scale industries. The paper also discussed the ways by which the increased COP
of the system can be achieved without increasing the complexities. A combined ejector-
absorption system can provide the COP as high as a double effect system and it can be

used for domestic refrigeration.

El Shaarawi et al. [11] investigated the effect of a condenser temperature on the
performance of an intermittent system. The paper concluded that for a certain maximum
generator temperature, decreasing the condenser temperature increases the COP of the
system. The paper suggested the use of well water for heat exchange in condensers in
areas where the water temperature is less than ambient temperature. Francisco et al. [12]
discussed the prototype setup of aqua ammonia solar absorption system. The 2kW
refrigeration test system harnessed the concentrated solar energy. Galvanized steel piping
was used in the heat exchangers and transfer tank instead of the conventional pump to
carry the ammonia solution. A single unit containing the collector - generator and the
heat exchanger was invented to reduce heat losses. The solar collector was designed such
that it performed the operation of heat exchange between the rich and the weak solution
in two different concentric tubes. Kim et al. [13] performed dynamic modeling of a small

scale aqua ammonia absorption chiller. The model showed that chiller was very sensitive
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to some design and operation parameters. System performance was also found to be
strongly dependent on initial charging of the solution and the concentration of the

refrigerant.

Alizadeh et al. [14] performed a technical and economic study of multi pressure
absorption cooling systems. The study showed that double effect absorption refrigeration
has almost twice the COP at the optimum generator temperature as compared to the
single effect refrigeration system. The effective electrical COP for different chiller
configurations was also compared. The paper concluded that the maximum effective
electrical COP for ideal single effect refrigeration system was achieved. Bulgan et al.
[15] performed a sensitivity analysis for an aqua ammonia absorption refrigeration
system. The objective of sensitivity analysis was the reduction of total annual costs. It
was found that the strong solution ammonia concentration and the generator temperature

have the greatest effect on the total annual cost.

Alvares et al. [16] simulated the aqgua ammonia absorption refrigeration system.
They performed a detailed thermodynamic analysis of the ammonia absorption
refrigeration system. Thirteen different cycles were compared to get the maximum COP.
The paper also investigated the exergetic performance of the aqua-ammonia refrigeration
system. It was found that the maximum COP achieved was for aqua-ammonia
refrigeration system integrated with both solution heat exchanger and refrigerant heat
exchanger along with external and internal cooled rectifier. Karamangil et al. [17]
performed a simulation study of single stage absorption refrigeration using different
working fluids like water-lithium bromide, aqgua ammonia and ammonia lithium nitrate

solution. A thermodynamic analysis of the absorption refrigeration system was carried
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out and the effects of different heat exchangers, operating temperatures and the
effectiveness of the solution are also studied. The simulation showed that the COP of the
system was increased by increasing the generator and evaporator temperature while it

was decreased with the increase of condenser and absorber temperatures.

Darwish et al. [18] investigated the performance of a commercial absorption
refrigeration water ammonia (ARWA) system. The simulation was performed using
Aspen Plus software and a very good compromise in results was found between the
simulation and experiments. Different strategies for COP enhancement have been
discussed in detail and it was found that the extent of separation obtained in the generator
was extremely important. The COP increased from 0.39 to 0.45 in going from poor
separator performance to the best separator performance. The paper also investigated the
increase in COP as the number of stages was increased from 1 to 6. Sozen [19] studied
the effect of heat exchangers on the performance of absorption refrigeration systems.
Three different configurations of heat exchangers were used in the analysis, one with
refrigerant heat exchanger (RHE), other with mixing heat exchanger (MHE) and third
one with using both heat exchangers. COP, ECOP and recirculation ratio were calculated
for different operating conditions at a constant cooling load of 1kW. High COP was
obtained for high evaporator and low generator temperatures. It was found that the effect

of MHE was very prominent as compared to the RHE.

Khaled [20] performed experiments on the use of aqua ammonia absorption
system in automobile air conditioning by using the exhaust gas as an energy source for
generator. The purpose of this study is to analyze the feasibility of using the exhaust gas
as a generator energy source in order to replace CFCs used in automobile air
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conditioning. The COP of the system was found to be varying between 0.85 — 1.04 and
the estimated cooling load was about 1.37 ton. Ercan et al. [21] performed second law
analysis to determine the irreversibilities in the components of aqgua ammonia absorption
refrigeration system. Pressure losses between the components are considered and a
constant ammonia concentration of 0.999 is used at the exit of generator. It was observed
that the maximum exergy losses occur in absorber and evaporator. It was concluded that
for each condenser, absorber and evaporator temperature, there is a certain generator
temperature at which the dimensionless exergy loss was minimum. This was the point of

maximum COP and ECOP.

Bulgan [22, 23] presented the optimization of an aqua ammonia absorption
refrigeration model using two degrees of freedom, generator temperature (Tg4) and the
mole ratio of ammonia (X3) in refrigerant. The objective of this optimization study was to
maximize the COP by changing condenser, absorber and evaporator temperatures. It was
concluded that maximum COP depends on condenser and absorber temperatures, as these
temperatures decrease, COP increases. He also investigated the use of low temperature
energy sources for generator in aqua ammonia absorption refrigeration system. He
concluded that COP increases as the heating source temperature was increased. The
circulation ratio also decreased with increasing generator temperatures. Misra et al. [24]
presented the thermo economic evaluation and optimization of an agua ammonia
absorption refrigeration system. The exergy analysis was performed and the fuel, product
and loss definition was used for each subsystem. The iterative procedure was used for
system optimization which further enhanced the system performance without any

additional resources. Sulaiman et al. [25] used isotropic sky model for monthly average

22



daily and hourly solar radiation for Dhahran region. The radiation values are theoretically
estimated for sloped surfaces because of their vast applications. The values have been
estimated for the entire year but these could not be verified because of unavailability of

the measured data for Dhahran region.

Cai et al. [26, 27] developed a dynamic model of an absorption refrigeration
system using ionic liquids as absorbents. The parameters affecting the system
performance were also identified. They found that COP increases as the generator and
absorber temperatures decrease. Friction factors were assumed for pressure losses in
pipes. Kong et al. [28] performed experimental analysis of aqgua ammonia absorption
chiller. Thermodynamic energy and exergy analysis was also carried out the resuts of
which were compared with the experimental outputs. The COP of experimental setup was
found to be between 0.32 and 0.36. It was found that generator and evaporator had larger
irreversibilities as compared to other components. Clerx et al. [29] studied the
performance of an aqgua ammonia absorption refrigerator. They performed analysis using
both flat plate collectors (FPC) and concentrated parabolic collectors (CPC). They found
that for generator temperature beyond 120 C, FPC is not suitable and hence CPC should

be used for optimum performance.

Sun [30] presented a thermodynamic design data and design maps for aqua
ammonia and water lithium Bromide absorption refrigeration systems. The design data
can be used for developing cycles using new refrigerant absorbent pairs. The data can
also be used for existing refrigeration cycles. Zalba et al. [31] presented a review on
energy storage using phase change materials (PCM). The review also covered heat

transfer analysis and its applications. The paper discussed 150 materials used as PCMs in
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research and 45 materials commercially available in markets. Kim et al. [32] presented a
review on different solar refrigeration options like solar electric, solar thermal etc. It was
found that solar electric systems are more expensive than sorption systems. Adsorption
chillers were found to be more expensive and bulkier than absorption systems. Boer et al.
[33] modified the irreversibility in each component of the absorption refrigeration system
which improved the efficiency of the whole cycle. They investigated how the selection of
efficiency parameters affects the coefficients of structural bonds of heat exchangers. They
proposed that these results could be used in thermodynamic analysis and economic

optimization.

Rosen [34] preferred the economic analysis based on exergy rather than energy
analysis of the system components. He reviewed different relations based on exergo-
economics, thermodynamics, capital cost and thermodynamic loss and EXCEM analysis.
Kizilkan et al. [35] performed thermoeconomic optimization of a LiBr absorption
refrigeration system. They optimized different components like condenser, absorber,
generator and evaporator. This study also investigated optimum heat exchanger areas
with optimum operating temperatures. Massimo and Filippo [36] applied Theory of
Exergetic Cost on a refrigeration plant. This methodology reduced the global problem
into a locally optimized system in which costs of all internal flows were evaluated. The
results showed acceptable accuracy when compared with the conventional optimization
methodology. Berhane et al. [37-39] considered the exergy destruction of single, double,
triple and half effect H,O-LiBr absorption cycles. They investigated an increase in COP
from double to triple effect absorption cycles. Largest energy destruction was obtained at

generator and absorber components. They considered the effect of coefficient of
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structural bonds on the heat exchanger area. They also studied the design of eco-friendly
absorption cooling systems which caters cost minimization and environmental impact.
This proposed approach could be used for alternative design cycles rather than a single
design. Varela et al. [40] developed a thermodynamic design of the solar refrigerator of 2
kW cooling capacity to preserve the sea products. They presented the cost breakdown of
each component of the refrigerator with heat duties. The refrigerator had the capacity to

store 200 kg fish at -10 °C.
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CHAPTER 3

ENERGY AND ECONOMIC ANALYSIS OF HSAR CYCLE

3.1 Flow Diagram

The developed HSAR cycle integrates two storage systems, namely, the refrigerant
storage system and the cold storage system. The refrigerant storage system is composed
of three storage tanks, Ammonia Storage Tank (AST), Weak Solution Tank (WST) and
the Strong Solution Tank (SST) whereas the cold storage system comprises of only one
storage tank, the Cold Storage Tank (CST). Figure 1-1shows the detailed layout of a
HSAR cycle. During the daytime, solar collectors receive heat from the sun which is used
to generate aqua-ammonia vapors from the strong aqua-ammonia liquid solution inside
the generator.

The water vapors present in the ascending generated aqua-ammonia vapors are partly
condensed in the exhausting column and returned back to the generator, leaving vapors
richer in ammonia (13) go to the rectifying-column and then the dephlegmator. In order
to ensure very high concentration of ammonia (say 99.6%) in the vapors going into the
condenser (7), heat is further removed from the generated vapors that leaves the
exhausting column (13) in both the rectifying column (by direct contact with the cold
descending liquid) and the dephlagmator (by an external coolant). The condensed weak
liquid solution from the dephlegmator is sent back to the top of the rectifying column.

Ammonia vapors (7) dissipate heat to the cooling water in the condenser and are
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converted into saturated liquid (8 and 14). The temperature of the cooling water should
be 3-5 °C less than the condenser temperature [16]. Part of the liquid ammonia produced
by the condenser (14) is continuously sent into the ammonia storage tank (AST) for use
in producing cooling effect during night time; the rest of the produced liquid ammonia (8)
is used in the cycle during the day time. The temperature of the liquid ammonia (9) that is
cooled down as it passed through the Vapor liquid heat exchanger (VLHX) is further
decreased as it is throttled (10) in the refrigerant expansion valve (EV2).

After the expansion valve, the throttled ammonia refrigerant splits between the
evaporator and the cold storage tank (CST). The throttled ammonia flow rate to the CST
(10) is controlled such that the required amount of ice and/or cold non-frozen liquid is
produced inside the CST during daytime. Ammonia absorbs heat in the evaporator and
the refrigerating coil of the CST and comes out as saturated vapors (11). Saturated vapors
(11) absorb further heat in the VLHX and become superheated vapors (12). In the
absorber, the ammonia vapors (12) are absorbed back by the weak solution (6) and hence
a strong aqua-ammonia solution (1) is formed in an exothermic process.

The strong solution (1) is pumped into the LLHX (2) where it is preheated to a
saturated liquid state (3). The saturated strong liquid solution (3) enters into the mid of
the double rectifying column where it is further heated (while descending in the
exhausting column) by the ascending hot vapors coming from the generator. The
generator is heated by an external liquid coming from the solar collectors’ field, aqua-
ammonia vapors are formed in the generator and enter the exhausting column for
purification (i.e. increase its concentration). The saturated weak solution from the

generator (4) enters the LLHX where it rejects heat to the strong solution (2) until the
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latter becomes saturated strong solution (3). Part of the weak solution (16) is
continuously entered into the weak solution tank (WST) throughout the day so that it can
be used during the night to absorb ammonia vapors in the absorber. The other part of the
weak solution (17) flows into the absorber through liquid expansion valve (EV1). The
cycle continues as such throughout the day as long as the effective solar energy is
available. However, the cooling effect is continued as well during the night as explained
here under.

When the night starts, AST filled with ammonia enters into the refrigeration cycle by
opening valve V; and feeding the evaporator with ammonia while valve Vs will be
closed. Also the ice and/or the cold non-frozen liquid stored in CST are used in carrying
part (half in the present work) of the cooling load. In other words, the cooling capacity of
the CST (Qcsr) Will now be used to cool part of the cooling load during the night, instead
of being utilized during the day for forming ice in the CST. Thus the night cooling load is
shared between the liquid ammonia refrigerant stored in AST and the ice and/or the cold
non-frozen liquid in CST. In this work both these storage tanks (AST and CST) share
equally the night cooling load (that is deliberately chosen equal to the daytime cooling
load) to achieve the 5 kW cooling power by the chiller. Ammonia vapor from the
evaporator enters the absorber where it is absorbed by the weak solution coming from the
WST after opening valves V4, and V; and closing valve Ve Exothermic process in
absorber results in the formation of a strong solution which enters into the SST. Both
AST and the WST are gradually unfilled during the night and the SST is filled by the end
of the night. The concentration of the strong solution produced at night is greater than the

concentration during the daytime because the ambient temperature is lower at night. The

28



strong solution from SST is continuously mixed with the strong solution produced in the
absorber during the daytime until the SST is unfilled by the end of the day. Valves V1,
V2 and V4 are closed (CD) while valve V3, V5 and V6 are opened (OD) during the
daytime.

The authors would like to point out that an invention disclosure entitled “Design
of a Novel Hybrid Storage System for Aqua-Ammonia Absorption Cycle” based on the

idea discussed in this paper with reference Docket No. 419760US is filed by the authors.

3.2 h-x diagram
On the h-x diagram, the state points 1-13 represent the steady state HSAR cycle

as shown in Figure 3-2. Notice that point 1 has the low (evaporator) pressure value (Piow),
which is constant in this investigation. However, point 2 is after the pump and has the
high (condenser) pressure value, even though it lies on top of point 1. Thus the point 2 is
in sub-cooled liquid state but absorbing heat inside the liquid liquid heat exchanger
(LLHX) from the weak solution that comes out of the generator at state 4, it reaches the
saturated liquid state 3. Thus, the heating process is initiated by the heat exchange
between the weak solution and the strong aqua-ammonia solution in the liquid liquid heat
exchanger (LLHX) then it continues in the generator by the direct solar heating. The
heating in the LLHX is represented in Fig. 2 by the processes 2-3 and the direct solar
heating is represented by the processes 3-4.

Due to the simultaneous effects of the rectifier and the dephlegmator, the
concentration of the generated refrigerant ammonia vapors after the dephlegmator (x7)
remains fixed at the assumed constant value of 0.996. Accordingly, the concentration of

the ammonia after the condenser (Xg), after the Vapor liquid heat exchanger VLHX on the
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liquid side (xo), after the expansion valve EV (xi0) and before/after the Vapor liquid heat
exchanger VLHX (x11)/ (x12) on the vapor side remain fixed at the same value (i.e. X7 =
Xg = Xg = X10 = X11 = X132 = 0.996).

Since the throttling process is a constant enthalpy process, point 10 lie in the h-x
diagram on top of point 9. However, point 9 is at the higher (condenser) pressure (Phign)
while point 10 (as well as points 11, 12) is at the lower (evaporator) pressure (Pjow). Since
the state of the saturated aqua-ammonia vapor that leaves the exhausting column and
enters the rectifying column is assumed to lie on the principal operating line for the
combined generator-rectifier-dephlegmator units, it is represented on the h-x diagram by

points 13.
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3.3 Assumptions for Steady State Model

1.

Almost pure refrigerant of ammonia concentration x = 0.996 is assumed at the exit
of the dephlagmator.

Refrigerant ammonia vapors at the exit of evaporator (state 11), liqguid ammonia at the
exit of condenser (state 8), strong solution at the inlet of generator (state 3), weak
solution at the exit of generator (state 4) and the strong solution at the exit of the
absorber (state 1) and SST (state 1*) are in saturated states.

Concentrated solution is referred to as rich in ammonia and weak solution is referred
to as weak in ammonia.

No energy loss is assumed between the solar collector and the generator.

The total sunlight hours in Dhahran region (Saudi Arabia) in summer (June 15) are 14
(from 5 AM in the morning to 7 PM in evening). But the solar intensity from 5-6 AM
in the morning and 6-7 PM in the evening is insufficient to provide the minimum
generator temperature (Tgenmin) required to run the HSAR cycle. Hence the effective
sunlight hours in summer are assumed as 12 (6 AM-6 PM) instead of 14.

The aqua-ammonia vapor that leaves the exhausting column and enters the rectifying
column is saturated vapor with a temperature 10 °C higher than that of the strong
solution entering the column at state 3 [47]. Moreover, it is assumed that this
saturated vapor state lies on the principal operating line for the combined generator-
rectifier-dephlegmator units [47].

The average daytime summer temperature in Dhahran region (Saudi Arabia) is
assumed as 40 °C and the generator is assumed to operate at (Tampient + 80) °C, i.e.,

120 °C [1].

33



8. The daytime condenser and absorber temperatures are at (Tambient, day + 5) °C, i.e.,
Tc=Ta=45 °C [1].

9. The cooling load is equally shared between the ice in cold storage tank (CST) and
ammonia in ammonia storage tank (AST) overnight.

10. The temperature drop of 8 °C is considered at night as compared to daytime
temperature, i.e., the average night temperature (Tambient, night) 1S 32 °C [1].

11. The absorber temperature during night is assumed as (Tambient, night + 5) °C, 1.€., Ta=37
°C.

12. The evaporator temperature is assumed constant at -5 °C and the cooling capacity at 5
kW.

13. Thermal inertia of the storage tanks and the heat exchangers has been neglected in
this research work.

14. Non-tracking selective-coated flat plate solar collector with the tilt angle = 26.26° is
used to provide the thermal energy to the generator with a stagnation temperature
180-210 °C (the highest obtainable collector’s absorber temperature (no output
withdrawn) when the solar intensity is 1000 W/m? on the outmost transparent cover)
[49]. The efficiency of such selective flat plate solar collectors ranges between 20%
and 75% depending on the ambient conditions [49].

15. Since almost all the components of the HSAR cycle are non-mechanical/non-moving

(except the pump), the life expectancy of the HSAR cycle is 15-20 years [57-59].

These assumptions imply that the model has been simplified by assuming a fixed

constant daytime temperature (= Ta, day) and a constant nighttime temperature (= Ty,
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night) with constant solar insolation (= l,,). Hence the system can be modeled on steady-

state conditions during daytime and nighttime.

3.4 Steady-State Thermodynamic analysis

Steady thermodynamic analysis of hybrid storage aqua-ammonia absorption
(HSAR) system is performed using Engineering Equation Solver (EES). The following
input parameters were used for the thermodynamic analysis of HSAR cycle: ambient
temperature (Tamp), °C; weak solution temperature at the exit of generator (T4 = Tgen), °C;
absorber exit temperature (T1= T,mp + 5), °C; condenser exit temperature (Tg«= Tamp + 5),
°C; evaporator exit temperature (Te = T1; = -5 °C); cooling power (5kW); effectiveness of

VLHX (0.75); effectiveness of LLHX (0.75).

3.4.1 Generator-double rectification column-dephlegmator
The two columns (exhausting and rectifying columns) along with the generator
and dephlegmator units are analyzed together. The generator and dephlegmator heat

capacities (qq and qg) are given by the following relations:
Qg = TT"l4 (h4 - hpg) (31)

Qq = 1My (hpg — h7) 3.2)
Qg, Q4. hog and hyq are unknowns in equations (3.1) and (3.2). However, the poles
Py and Py of the generator and dephlegmator are located on the principal operating line

(shown in Figure 3-2) and their enthalpies (h ,and h_ ) can be determined by using the

straight line equation of the principal operating line (POL), which has the following

general form:
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h = (slope X x) + ¢ (3.3)

Where h is the enthalpy at any concentration x on the principal operating line. The

slope of the POL is given by [47]:

slope = (hi3 — h3)/(x13 — x3) (3.4)

hi3 and X3 are determined using the EES Software by means of the three known
properties for the state point 13 [Pressure = condenser pressure (obtained from the three
given properties at the exit (state 8") of the condenser, i.e., condenser temperature (Tc =
Tg+); ammonia concentration (say 0.996)); quality=saturated liquid); temperature T3 =
(T5+10) °C (assumption 6); and quality of aqua-ammonia vapors at state 13 is saturated
vapor]. With hy3 and x;3 known, the slope of the principal operating line (POL) is
determined by equation (3.4) and the constant ¢ in the equation of a straight line (3) is

determined using the following relation:
¢ = hy3 — (slope X x13) (3.5

With the slope and constant the ¢ known, the two unknowns hyg and hyg in

equations (3.1) and (3.2) respectively can be determined as follows:

hyg = (slope X x,) +c (3.6)

where
hyq = (slope X x;) +c¢ (3.7)
Enthalpy values for hpg and hpg are used in equation (3.1) and equation (3.2) to

determine the generator heat capacity and the dephlegmator heat capacity.
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3.4.2 Condenser

The heat capacity of the condenser is written as:
Qc = my (h; — hg) (3.8)

3.4.3 Evaporator

The evaporator cooling capacity during the daytime (Q'e,day) is 7.5 kW (for 12
hours of effective sunlight hours (assumption 5)) which is equal to the sum of constant
refrigeration capacity (Q'ref,day = 5 kW) and the cooling capacity (Qcsy = 2.5 kW)

required to produce ice in CST to share the nighttime refrigeration load.

Qe,day = Qref,day + QCST (3.9)
Qe,day = 1y (h11 — hyo) (3.10)
The evaporator cooling capacity during the nighttime (Qe,night) is equal to the

cooling capacity of the ammonia stored in the ammonia storage tank (Qsr) Which is
equal to 2.5 kW for 12 hours of nighttime refrigeration in summer for Dhahran region

(assumption 5).

Qe,night = QAST = my5 (hy1 — hyo) (3.11)

3.4.4 Absorber

The heat capacity of the absorber for day and night is written as:
Qa,day = mMmghg + Myyhy, — Mmehy (3.12)

Qa,night = Myehe + Myshy; — Mmyghy (3.13)

37



3.4.5 Refrigerant Heat Exchanger

The heat capacity of the RHX is written as:

QRHX,l = Mg (hs — ho) (3-14)

QRHX,Z = My, (h12 — hy1) (3-15)

Assuming negligible heat losses to the surroundings,

QRHX,1 = QRHX,Z (3.16)

3.4.6 Solution Heat Exchanger
The heat capacity of the SHX is written as:

QSHX.I = mg (hg — ho) (3.17)
QSHX,Z = My (h1y — hyy) (3.18)

Assuming negligible heat losses to the surroundings,
QSHX,l = QSHX,z (3.18)
Table 3-1 shows the values of heat capacity for the components of HSAR cycle
for average summer ambient conditions of Dhahran (assumption 7), Saudi Arabia.
Generator has the maximum value of heat capacity among all the components. Absorber
and evaporator have more values of heat capacity during the day than that during the
night. The net values of heat energy (in kWh) gained by the system is equal to the net

value of heat energy (in kWh) lost by the system.
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Table 3-1- Thermodynamic analysis of HSAR cycle

Components Energy Time kWh Energy Time kWh
In (kW) (hr Out (hn)
(kW)
Generator 20.94 12 251.2
Absorber (DAY) 14.23 12 170.76
Absorber (NIGHT) 4.52 12 54.24
Condenser 10.43 12 125.16
Evaporator (DAY) 7.5 12 90
Evaporator (Night) 2.5 12 30
Dephlegmator 1.826 12 21.912
Pump 0.1541 12 1.85
Total 373.05 372.17

3.5 Area of Solar Collector Field

Size of solar collector field is one of the most important parameters in solar
refrigeration systems [14]. The operation of refrigeration cycle is dependent on the
energy received by the collectors from the sun. If collectors do not receive enough energy
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needed by the generator, the system COP will be adversely affected. Flat plate solar
collectors (FSC) are considered a feasible option for HSAR cycles as these are relatively
inexpensive in the market and operate for generator temperature upto (Tamp+100) °C.
Collector area is calculated using the method proposed by Duffie and Beckman in Solar
Engineering of Thermal Sciences [45]. The area of solar collector depends on the average
heat capacity of the generator. The greater the generator heat capacity, greater will be the
required collector area. With 49.6 % efficiency () of the collectors [9], the calculated
area of FSC is 64.8 m. The monthly average hourly solar radiation (It) for Dhahran
region is obtained from technical note presented by Al — Sulaiman and B. Ismail [25].

The useful energy gain per unit collector area (q,) is calculated as follows:

qQu=n* It (3.18)

The collector area is calculated from the following equation:

A, = 2—9 (3.19)

3.6 Economic Assessment

The present economic study is based on storage tanks, solar collectors and
evaporator and condenser units. Based on storage capacities, operating temperature and
pressure, the design of each storage tank is obtained from Chinese manufacturers. The
ammonia tanks are much expensive in the market as compared to other components of
the absorption system. Both AST and WST operate at a high pressure of 17 bars in this
5kW HSAR cycle. In order to sustain such a high pressure, thick walled stainless steel
pressure vessels are used for ammonia storage which results in high initial cost of

ammonia storage tanks. Despite having less storage capacity of AST than CST, the cost
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of AST is around 5 times the cost of CST as shown in Table 3-2. As the storage capacity
of WST is around 7 times the storage capacity of AST, the cost of WST is also expected

to increase by the same proportion.

Table 3-2 — Cost Summary of AST and CST

Manufacturer Storage Material Storage Cost FOB

Type Capacity (kg) China (USD)

China National Air AST Stainless Steel 1135 4000

Separation Plant

Weigeli Factory CST Galvanized 377.7 850

Steel

Evaporator and condenser heat exchangers are cheaply available in the Chinese
market as shown in Table 3-3. The cost of generator, absorber, rectifier and dephlegmator
units could not be obtained from the market. It is expected that total commercial cost of
these heat exchangers is less than the total cost of all the storage tanks. This means that
storage tanks and solar collectors are more detrimental in the economic assessment than
heat exchanger components. So the size of solar field and storage tanks need to be

optimized to get an optimum balance between performance and cost.
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Table 3-3 — Cost and design specification of evaporator and condenser units

Manufacturer Heat Diameter Hole Row Cost FOB
Exchanger (mm) (i) () China
Type (USD)
Shanghai Evaporator 9.52 25 21.65 262
Shenglin M &
Condenser 9.52 25 21.65 454.1

E Technology

In HSAR cycle, the nighttime refrigeration load (5kW) is equally shared between
the CST and the AST (2.5 kW each). The total size of the required storage tanks is
therefore reduced to 62 % the total size of storage tanks required in refrigerant-storage

absorption refrigeration (RSAR) cycle as shown in Table 3-4.

The cost of flat plate solar collectors with technical specifications is shown in
Table 3-5. The cost of collectors TTFC-B-2.0/1 with copper header and riser tubes is 97
USD/m? while the cost of collectors TTFC-B-2.0/2 with aluminum header and riser tubes
is 74 USD/m?. The total cost of solar collector field TTFC-B-2.0/1 for this hybrid storage

refrigeration system is 6200 USD.
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Table 3-4 — Comparison of size of storage tanks for different storage designs

Size for Size for Size for
o Taes | MOTSS 0 S sk ok o
St 0
. _lc_);?]?( (bar) ure (°C) on, X (kg/m®)  HSARCycle RSARCycle CSAR Cycle
(m°) (m°) (m°)
CST 1.01 -5 - 917.4 0.35 - 0.70
AST 17.69 43.86 0.996 573.2 0.17 0.34 -
WST 17.69 60 0.342 789.9 0.63 1.26 -
SST 3.53 45 0.404 846.7 0.70 1.40 -
Total 1.85 3.00 0.70
Table 3-5 — Specification details and cost of flat plate solar collectors
Manufa Collector Gross Cover Riser Tube Insulation Working FOB
-cturer Dimension Area  Thickness  Dimension Back with Pressure  price
ODXT thickness
mm? m2 mm MPa uSsD
mm? mm
TTFC-  2000*1000 2 3.2 ®10.5*  Polytherene 0.6 193
B0 xgp 0.8, Cu 40
TTFC-  2000*1000 2 3.2 ®10.5* Polytherene 0.6 148
B-2.012 *90 0.8, Al 40
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3.7 Effectiveness, area and cost of SHX and RHX

The effectiveness value of heat exchanger affects the heat exchange area which in
turn affects the cost of heat exchanger. The following equations were used to determine

the heat exchange area:

&= Q/Qmax (320)
Q = Ch(Thi - Tho) = Cc(Tco - Tci) (3-21)
Qmax = Crmin(Thi — Tcy) (3.22)

Effectiveness-NTU relation for counter-flow heat exchanger is given as:

€ =[1—-exp{—NTU(1 — C,)}]/[1 — C,exp{—NTU(1 — C,)}] (3.23)
Cr = Cnin/Crmax (3.24)
A= (NTU X Cpin)/U (3.25)

The cost of the SHX and the RHX can be estimated using the following correlation [41]:

C.=C, (“‘—X)O'6 (3.26)

Ay
Figure 3-3 shows the effect of heat exchanger effectiveness on the heat exchange
area. The area of SHX is 10-15 times the heat exchange area of the RHX. The area of
SHX/RHX at effectiveness = 0.8 is 13/10 times the heat exchange area at effectiveness =
0.2. Since the cost of the heat exchanger is proportional to its heat exchange area as
shown in equation (3.26), the cost of the SHX and RHX is expected to rise in a similar

fashion as shown in Figure 3-3.
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Figure 3-3 Plots of heat exchanger area versus effectiveness for SHX and RHX
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CHAPTER 4

UNSTEADY THERMODYNAMIC ANALYSIS OF HSAR

CYCLE

In steady state analysis, no changes occur either within the control volume or at
the boundaries of the control volume. In the previous chapter, a steady state model for
HSAR cycle has been developed which greatly simplified the thermodynamic analysis.
However, in reality, HSAR cycle is unsteady and changes within the control volume
occur with time. Hence, an unsteady thermodynamic model has been developed to
comprehend the actual processes that occur in the control volume of each component of
HSAR cycle. Unsteady processes occur over a finite period of time At and therefore, the
mass as well as the energy content of the control volume change with time [42]. Unsteady
thermodynamic model for HSAR cycle has been idealized as a uniform flow process.
This implies that the flow properties do not change with time or position at the inlet or

exit of each system component [42].

The ambient temperature data for Dhahran region was obtained for May/June and
Nov/Dec for year 2011from the Research Institute, KFUPM. The COP of HSAR cycle
varies throughout the day with the change in ambient temperature. The parameters like
generator temperature, absorber and condenser temperatures, condenser pressure,
enthalpies and mass flow rates of different components are dependent on ambient
conditions. The plots for unsteady energy analysis were developed on EES Software at

every one hour interval.
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4.1 Assumptions for Unsteady State Analysis

1. The total sunlight hours in summer/winter are about 14/10 (from 5 AM in the
morning to 7 PM in the evening) / (from 7 AM in the morning till 5 PM in the evening).
But the solar intensity in summer from 5-6 AM in the morning and 6-7 PM in the evening
is too low to run the HSAR cycle (solar collectors do not gain enough solar energy to
drive the HSAR cycle). Hence the effective sunlight hours in summer/winter are
considered 12/8 instead of 14/10 as shown in Fig. 3, which shows the plots of the hourly
variations of the solar intensity and ambient temperature for the representative days of
summer and winter. Thus the HSAR cycle is in a complete running state from 6 AM in
morning till 6 PM in the evening / from 8 AM in the morning till 4 PM in the evening for
representative days of summer / winter. In other words, there is a warming-up period that
starts at sun rise and ends at 6 AM in summer and at 8 AM in winter. Similarly, the
generator and the condenser of the cycle have a run-down period that starts before sun set
(at 6 PM in summer and 4 PM in winter) while the other components such as the
evaporator; AST; CST; etc continue or start operation during this run-down period.

2. June 15, 2011 was selected as a representative day for summer as this day received
the maximum peak solar radiation whereas Dec. 21, 2011 was chosen as a representative
day for winter as it received the minimum peak solar radiation.

3. Unsteady thermodynamic analysis for HSAR cycle, assuming negligible changes in
kinetic and potential energies from inlet to exit and uniform fluid properties at inlet or
exit of each component of the cycle (uniform flow process [42]), was carried out on an

hourly basis in a stepwise manner, i.e. using a time interval (At) of 1 hour.
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4. The weak solution temperature at exit from the generator (T,) is assumed at (T¢ - 3)
"C, where Ty is the exit temperature of the working fluid from the solar collectors field.
This working fluid transports the thermal solar energy gained by the collectors to the
generator.

5. Selective-coated flat plate solar collector is used to provide the thermal energy to the
generator with a stagnation temperature 180-210 °C (the highest obtainable collector’s
absorber temperature (no output withdrawn) when the solar intensity is 1000 W/m? on the
outmost transparent cover) [49]. The efficiency of such selective flat plate solar collectors
ranges between 20% and 75% depending on the ambient conditions [49]. In the present
analysis, this efficiency is assumed equal 42 % to determine the corresponding collectors’
exit fluid temperature (T).

6. The aqua-ammonia liquid leaves the solution heat exchanger (SHX) and enters the
generator as saturated liquid.

7. The aqua-ammonia vapor that leaves the exhausting column and enters the rectifying
column is saturated vapor with a temperature 10 °C higher than that of the strong solution
entering the column at state 3 [47]. Moreover, it is assumed that this saturated vapor state
lies on the principal operating line for the combined generator-rectifier-dephlegmator
units [47].

8. The condenser and absorber exit temperatures are assumed equal to each other at
(Tamb + 5) 'C. The evaporator temperature is constant at -5 °C and the evaporator pressure
with ammonia concentration (x=0.996) is assumed constant at the corresponding pure

ammonia (x=1) saturation value (3.529 bar). The cooling power is constant over the 24
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hours of the day at 5 kW and is equally shared between the CST and AST during the

night.
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Figure 4-1 Plots of solar radiation and ambient temperature for a representative
summer and winter day
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4.2 h-x diagram

The h-x diagram for three different time intervals (At) is shown in Figure 4-2. In
this study the evaporator temperature as well as the net cooling power is assumed to be
constant throughout the day and night in both summer and winter at 5 kW and a constant
temperature of -5°C. Accordingly, the low (evaporator) pressure (Pjon) in HSAR cycle
does not vary with time; it equals the saturation pressure corresponding to the fixed
evaporator operating temperature. On the other hand, the high (condenser) pressure in
HSAR cycle is not constant and depends on the ambient conditions that vary with time.

On the h-x diagram, the state points 1-13 represent the cycle after a time interval
Atp that starts after the warming-up period, the state points 1°-13” show the cycle after the
time interval Aty (that starts just after the end of Atp) and the state points 1”-13” show the
cycle after the time interval At, (that starts just after the end of At;). Notice that points 1,
1’, and 17 are all having the low (evaporator) pressure value (Pjow), Which is constant in
this investigation. However, points 2, 2°, and 2” are all after the pump and have the high
(condenser) pressure values, even though they lie on top of points 1, 1°, and 17,
respectively. The high pressure values of points 2, 2°, and 2" (Phigh, Phigh + AP1, and Phign
+ APy, respectively) increase with time due to the increase in solar intensity and also the
ambient temperature after the sunshine (hence the condenser temperature, which is
assumed equal Tampient + 5). Thus, all the points 2, 2°, and 2” are in sub-cooled liquid
states but absorbing heat inside the solution heat exchanger (SHX) from the weak
solution that comes out of the generator at states 4, 4°, and 4”, respectively, they become
in the saturated liquid states 3, 3°, and 3”, respectively. Thus, the heating process is

initiated by the heat exchange between the weak solution and the strong agua-ammonia
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solution in the solution heat exchanger (SHX) then it continues in the generator by the
direct solar heating. The heating in the SHX is represented in Figure 4-2 by the processes
2-3,2°-3’, or 2”-3”, and the direct solar heating is represented by the processes 3-4, 3°-4°,
or 37-4”,

At the beginning of Aty the cycle starts to be in a complete working state and the
saturated liquid solution in the generator is at temperature T3. This temperature is the
minimum generator temperature (Tgen, min) required to start the complete operation of the
HSAR cycle. However, the heating process starts at constant concentration (x3) during
the morning warming-up period (say 5-6 AM/7-8 AM in summer/winter before the
effective sunlight hours). During this period simultaneous increase in the generator
temperature and pressure (due to the simultaneous increase in solar intensity and ambient
temperature) occurs until the minimum generator temperature (Tgen, min) required to start
the HSAR cycle is reached. Then the ammonia vapor starts to leave the generator and
goes to the dephlegmator, condenser, etc to complete the cycle. Similarly, the generator
stops producing the aqua-ammonia vapor due to insufficient solar energy and low
ambient temperature during the run-down period (say 6/ 4 PM onwards in summer/winter
after the effective sunlight hours). During this period, simultaneous decrease in the
generator temperature and pressure (due to the decrease in / absence of solar intensity and
decrease in ambient temperature) occurs at constant concentration (say X4-) until the
minimum late-night generator temperature is reached. During the warming-up and run-
down periods, the ammonia in AST and the ice in CST cope with the cooling load. The
warming-up and run-down periods are not shown in the h-x diagram of HSAR cycle as

the h-x diagram only represents the state points of the cycle in a complete working state.
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However, the warming-up and run-down processes are similar to processes 1-3 and 4”-5”
shown on the h-x diagram.

The time step (At) in the analysis using the EES software is chosen to be one
hour. During the time interval At;, the solar radiation is more intense than that during the
time interval Atg. The strong solution formed inside the absorber during At; has a
relatively lower concentration than the strong solution formed during Aty as shown by
state points 1’, 2” on the h-x diagram. The isotherms shown on the h-x diagram of HSAR
cycle in Fig. 2 are only for the time interval Aty.

As the time proceeds from morning to noon (from the beginning of Aty till the end
of say six time-intervals (6 At = 6 hrs) in summer), the concentration of the strong
solution liquid entering the generator (X3, X3:, X3») as well as that of the weak solution
liquid exiting the generator (X, X4, X47) decrease. Similarly, the concentration of the
saturated solution vapors exiting the rectifier/exhausting column (xi3, X;3:, X;3~) decrease.
The poles of the generator (Py, P’g, and P”) and those of the dephlagmator (Pq, P4, and
P”q) are also shifted on the h-x diagram with time throughout the day as shown in Fig. 2.
Accordingly, the principal operating straight lines that link the pole of the generator, the
pole of the dephlegmator and the assumed saturated vapor state exiting the exhausting
column [18] also vary with time and move on the h-x diagram upward from left to right.
However, due to the simultaneous effects of the rectifier and the dephlegmator, the
concentration of the generated refrigerant ammonia vapors after the dephlegmator (X7,
X7, X7») remains fixed at the assumed constant value of 0.996. Accordingly, the
concentrations of the ammonia after the condenser (xs, Xg-, Xg~), after the refrigerant heat

exchanger RHX on the liquid side (Xq, X9, Xg~), after the expansion valve EV (X10, Xi0-,
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X10) and before/after the refrigerant heat exchanger RHX (X11, X11-, X117)/ (X12, X127, X127)
on the vapor side remain fixed at the same value (i.e. X7 = X7» = X7» = Xg = Xg' = Xg» = = Xg
= Xo» = Xo» = X10 = X100 = X107 = X11 = X110 = X117 = X12 = X120 = X2 = 0.996).

Since the throttling process is a constant enthalpy process [17-18], points 10, 10’
and 10” lie in the h-x diagram on top of points 9, 9* and 9”, respectively. However, points
9, 9’ and 9” are at the higher (condenser) pressures (Phigh, Phigh + AP1, and Phigh + AP»)
while points 10, 10’ and 10” (as well as points 11, 11°, 117, 12, 12° and 12”) are all at the
lower (evaporator) pressure (Piow). Since the state of the saturated aqua-ammonia vapor
that leaves the exhausting column and enters the rectifying column is assumed to lie on
the principal operating line for the combined generator-rectifier-dephlegmator units [18],

it is represented on the h-x diagram by points 13, 13” and 13”.
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4.3 Unsteady Thermodynamic analysis

In any solar refrigeration cycle changes with time occur. Hence, an unsteady
model has to be developed to comprehend the actual processes that occur within each
component of HSAR cycle. Unsteady processes occur over finite time periods and mass
as well as energy content of a control volume change with time. The present unsteady
thermodynamic analysis for each component of the HSAR cycle has been idealized as a
“uniform flow process” [42]; which implies that during each time step period At, the flow
properties at the inlet and/or exit of each system component do not change with time or
position. However, the mass and/or energy content of a control volume change with time
and the flow properties at the inlet and/or exit change from a time step to another.

The ambient temperature and solar intensity data for year 2011 in Dhahran city,
Saudi Arabia have been used in this study. The operating parameters like generator,
absorber and condenser temperatures, condenser pressure, enthalpies, etc of different
components are dependent on ambient conditions. Accordingly the performance
parameters such as COP of HSAR cycle vary throughout the day with the changes in
ambient temperature and solar intensity. The plots for unsteady energy analysis were
developed by EES Software at every one hour time-step interval. The input parameters
used for the present unsteady analysis of HSAR cycle are the following: hourly ambient
temperature (Tams), °C; hourly solar intensity (1), W/m?; initial weak solution temperature
at exit of the generator (T4 = T¢- 3), °C; initial absorber exit temperature (T = Tamp + 5),
°C; initial condenser exit temperature (Tgx = Tg= Tamp + 5), °C; evaporator exit
temperature (Tevap = T12= T11» = Ty1» = -5 °C); cooling power (5kW); effectiveness of

RHX (0.75); effectiveness of SHX (0.75).
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The operating temperature of the generator and hence the weak-solution
temperature at exit from the generator (T,) depend on the temperature of the solar
collectors’ working fluid (Ty), which depends on the efficiency of the collector, ambient
temperature (Tamp) and the solar intensity (I). On the other hand, the area of the solar
collector field depends on the thermal energy needed by the generator (Qg) to operate the
HSAR cycle for the given input conditions. The efficiency curve of a selective flat plate
solar collector (assumption 5) is shown in Figure 4-3[49] and the following correlation is
developed for such an efficiency curve:

17=-3.6x(T, —Tp)/l +0.776 (a)

Using assumption (5), equation (a) can be rewritten as:

T, =0.098x 1 +T,,, (b)

Equation (b) shows that the fluid temperature at the exit of the solar collector
tubes (Ty) depends on the ambient temperature as well as the solar intensity. Based on
assumption (4), the instantaneous weak-solution temperature at the exit from the

generator can be determined for HSAR cycle at any time t by means of equation (b).
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4.4 Governing Mass and Energy Equations

In unsteady flow processes, changes are analyzed over some finite time duration At
instead of changes per unit time [42]. Therefore, in unsteady analysis, the heat energy (Q)
of HSAR components is determined instead of the heat duty (Q). The mass and energy of
the uniform flow process change within the system boundaries.

m;,— mout =Am

kystem (4.1)
where
AM e = M — My (4.2)
Ein — Eout = ABggem (4.3)
where
AEem = Efinal — Einitia (4.4)

The energy balance for a uniform flow process can be shown as

Qin +\Nin + ng = Qout +Wout + ng = (mf ef - miei)system (45)

out

Where @ =h+ke+ peis the energy of the fluid stream per unit mass at inlet or
outlet and e =u+ke+ peis the energy of the non-flowing fluid per unit mass within the

control volume [42]. As the kinetic and potential energies are assumed negligible in

HSAR cycle, the above equation reduces to:

Q_W :th_zmh+(mfuf _miui)system (46)

out in
Where Q =Q,, —Q,, is the net heat input and W =W, —W,, is the net work output [42].

For each time interval At, after the cycle becomes in a complete working state

(after the warming-up period mentioned in assumption (1)), the HSAR cycle can be
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regarded as a quasi-steady closed cycle in which the mass leaving a component is filled
immediately by the mass preceding it. The mass inside any component (control volume)
of the completely operating HSAR cycle at the start of the time interval At is the same as
the mass inside the same component (control volume) at the end of that time interval At.
Hence, there is no change in mass inside the control volume as long as the cycle is in a
complete working state (assumption 1), i.e.,
m, =m =m 4.7)
> my=>m, (4.8)
Note that equations (4.7) and (4.8) will not hold true during the periods of
warming-up (when the generator starts from rest after sunrise) and run-down (when the
cycle comes to rest from a complete working state by the end of the day).
Based on the above discussion, for each component in a HSAR cycle, under
complete working conditions, the generalized unsteady energy equation over each finite

time duration (At) assuming uniform flow processes can be written as [42]:

Q-W :th_zmh +m(uf _ui)system (49)

out in

Where Q and W are the net thermal and mechanical energies, m is the mass inside the

control volume and (u; is the change in internal energy per unit mass inside the

—U; )system
control volume during time At.

Referring to the flow diagram given in Figure 3-1 and the corresponding h-x
diagram of Figure 3-2, the above 3 equations (4.7, 4.8 and 4.9) are used in the unsteady

analysis of each component of the completely working HSAR cycle.
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4.4.1 Generator- Double Rectification Column-Dephlegmator Assembly

The generator in HSAR cycle works only during the daytime as long as solar
energy is available. The net heat input to the generator remains unsteady throughout the
day as the intensity of solar energy varies with time. The two columns (exhausting and
rectifying columns) along with the generator and dephlegmator units are analyzed
together [47]. Based on the generalized equations (1-3), the mass and energy balance for
the generator-double rectification column-dephlegmator assembly for a finite time

interval At are:

m,=m,+m

(4.10)
mx, =mXx, +mXx (4.11)
Qg _Qd = m4h4 + m7h7 _m3h3 +[m(uf _ui)]g +[m(uf _ui)]d (4-12)

Referring to the h-x diagram shown in Figure 3.2, the ratio of the generator heat

(Qg) to the mass of weak solution (m,) at the exit of generator (state 4) is given [47] by:

Q, /M, =h, —hy, (4.13)

Similarly, the ratio of the dephlegmator heat (Qg) to the mass of the ammonia

vapor at the exit of dephlegmator (m-) is given by the following relation [47]:

Qy/m, =h, —h, (4.14)

Qg Qd, hyand h_in equations (4.13) and (4.14) are unknowns. However, the

poles Py and Py of the generator and dephlegmator are located on the principal operating

line (shown in Figure 3-2) and their enthalpies (h_,and h_ ) can be determined by using

the straight line equation of the principal operating line (POL), which has the following

general form:

h =slopex x+c (4.15)
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Where h is the enthalpy at any concentration x on the principal operating line. The
slope of the POL is given [47] by:

SIOpe = (rﬁs - |’13)/(X13 - 3) (4-16)

hi3 and X33 are determined using the EES Software by means of the three known
properties for the state point 13 [Pressure = condenser pressure (obtained from the three
given properties at the exit of the condenser (state 8", i.e., condenser temperature (Tcond =
Tex = Tamp + 5, C (assumption 8)); ammonia concentration (say 0.996); and state 8" is
saturated liquid); temperature T3 = (T3+10) °C (assumption 7); and state 13 is saturated
aqua-ammonia vapors]. With h;3 and x;3 known, the slope of the principal operating line
(POL) is determined by equation (4.16) and the constant ¢ in the straight line equation
(4.15) is determined by the relation:
c=h,—(slopexx,,) (4.17)
With both the slope and the constant the ¢ known, the two unknowns, h,g and hyg,
in equations (4.13) and (4.14) can be determined respectively as follows:
h,, =slopexx, +c (4.18)
h,y =slopexx, +c¢ (4.19)
Note that h, and x4 are determined by EES at the 3 known properties of the weak
solution at exit from the generator (Pressure = condenser pressure, generator temperature
(T4 =T¢ - 3) and quality = saturated liquid). Use hyg and hpq in equations (4.13) and (4.14)
to determine the generator heat (Qg) and the dephlegmator heat (Qqg) which will be used
in equation (4.12).
Part of the computed generator energy (Qg) gained during the day is used to
produce the desired daytime cooling effect (Qrerg = SKW x time of the effective sunlight

hours in seconds) and the other part of it (Qgcst+ast) IS used to produce ice/cold non-
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frozen liquid in CST (Qcst = 2.5 kW x time of cooling hours of night in seconds) in
addition to the extra ammonia in AST (Qast = 2.5 kW x time of cooling hours of night in
seconds). Qg cst+ast 1S Obtained as follows. The program is run with a total cooling output
equal to only the 5kW needed during the daytime and hence the required generator
energy (Qg, without storages) 10 produce only the daytime cooling load without storages is
obtained; the difference between the generator energy (Qg) and Qguwithout storages 1S

Qg,cst+ast (the part Qg used to produce ice in CST and the extra ammonia in AST).

4.4.2 Evaporator

The overall cooling output of the system (Qrefg + Qcst + Qast) during the
effective sunlight hours in winter is assumed to remain the same as in summer as shown
in Table 4-1. Part of the evaporator cooling energy during the daytime (Qe,day) iS used to
produce the desired cooling effect during the daytime (Qreg = 5kW x time of the
effective sunlight hours in seconds) and the other part is used to produce ice/non-frozen
cold liquid in CST (Qcst = 2.5 kW x time of cooling hours of night in seconds).

Mathematically,
Qe,day = Qref d + QCST (420)

The evaporator mass and energy equations for a finite time interval At during the daytime

are.
Myo0,day = M1 day (4.21)
Qe,day = rnll,day hll - rnlO,day th + [m(uf - ui )]e,day (422)

Where Q ¢ day = Q ref, a + Q sct = 5 kW x working cooling hours during day in

seconds + 2.5 kW x working cooling hours during night in seconds.
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Table 4-1- The given cooling energy outputs of HSAR cycle during the effective
sunlight hours

Winter Summer

Nighttime cooling hours 16 h 12 h

Qcst 2.5 kW x 16 = 40 kWh 2.5 kW x 12 = 30 kWh

Qrefa+ Qcst + Qast 120 kWh (432 MJ) 120 kWh (432 MJ)

Hourly Qe gay 10 KWh (36 MJ) 7.5 KWh (27 MJ)

Hourly Qe, night 2.5 kWh (9 MJ) 2.5 kWh (9 MJ)

During the night, valve V5 is closed and the mass of the ammonia coming from

the AST does not split between the evaporator and the CST rather all the ammonia enters
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into the evaporator. Furthermore, the mass of ammonia at state 10 during the day (m 1,

day) IS not equal to the mass of ammonia at state 10 during the night (m 10, night)-

rn:I.O,night = r-nil.l,night (423)
Qe,night = rn:l.l,nightl’]ll - rn1O,night h10 + [m(uf _ui)]e,night (424)
Q. night = Qrer o = 2.5KW x time of cooling hours of night in secs (4.25)

As long as the effective solar radiation is available, the instantaneous coefficient
of performance (COPgyay) at any instant of time t for a given time interval (At) is given by:

CC)F)day = (Qe,day + QAST )/Qg (426)

All Qs in the above equation are during the time interval (At), the pump energy (W,) is
negligible and thus not incorporated in equation (4.26). By extending At to be the whole
cooling hours of the daytime, the same equation (4.26) gives the COP for the whole day
(overall/average day COP).

The ammonia in AST and the ice and/or cold non-frozen liquid in cold storage
tank (CST) share equally the cooling load during the cooling hours of the night,
therefore:

Qast = Qesr = 2.5KW x time of cooling hours of night in secs (4.27)

The COP of HSAR cycle at night can be defined by the following equation:

COnght = (Qast +Qcsr )/ Qg,CST +AST (4-28)

Is the part of the total generator energy (Qg) required during the day to produce

Qg,CST+AST
ammonia in the AST and ice/non-frozen liquid in the CST to suffice the nighttime
cooling load. Note that COP g is for the whole night period (i.e., for a period = 24 —

effective sunlight hours); even though Q has an hourly value but an hourly value

g,CST+AST

for COP pignt Is meaningless.
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4.4.3 Absorber

Like the evaporator, the absorber in HSAR cycle also operates continuously 24
hours a day. During the daytime, the strong solution produced at the exit of the absorber
(state 1) enters the pump as the valve V6 is opened (OD) and the valve V2 is closed
(CD). At night, the strong solution produced at the exit of the absorber (state 1) enters the
strong solution tank (SST) as valve V6 is closed and valve V2 is opened. Based on the
generalized equations (1-3), the mass and energy balance equations for the absorber over

a finite time interval At are:

M2 day + Mo day = My gay (4.29)

Mz oy X2 + M gay X5 = My 4oy X (4.30)

Qu oy = Miz gy Mz + M oy Ng =My o Iy —[M(U —U)], 4oy (4.31)
My, nighe + Me night = My night (4.32)

Mz night %12+ Mo, night X = My pigne Xy (4.33)

Q. ight = Mz might Nz + M rignes = My igney —[MU — U] nigne (4.34)

4.4.4 Condenser
The condenser continuously rejects heat from ammonia vapors to the coolant
during the daytime. Based on the generalized equation (4.7), (4.8) and (4.9), the mass and

energy balance equations for the condenser for a finite time interval At are written as:

m, =m. (4.35)

Q, =myh, —mg.hy —[m(u; —u;)], (4.36)
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4.4.5 Refrigerant Heat Exchanger (RHX)

Refrigerant heat exchanger (RHX) involves heat transfer between the vapor
ammonia leaving the evaporator and the liquid ammonia leaving the condenser. Based on
the generalized equation (4.7), (4.8) and (4.9), the mass and energy balance equations for

refrigerant heat exchanger (RHX) for finite time interval At are written as:

8 0 (4.37)

Qgrix . = Mghy —Mghy —[M(u —U; )]z 0 (4.38)
m, =m, (4.39)

Qriix 2 = MM, =My Py +[M(Us =) Trex 1142 (4.40)
Qrix 2 = Qriax 2 (4.41)

4.4.6 Solution Heat Exchanger (SHX)
Solution heat exchanger operates only during the effective sunlight hours. Based
on the generalized equation (4.7), (4.8) and (4.9), the mass and energy balance equations

for refrigerant heat exchanger (RHX) for finite time interval At are written as:

m, =m; (4.42)
QSHx 1= m4h4 - m5h5 _[m(uf B ui)]sHX,4—5 (443)
m, =m, (4.44)
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QSHX,Z = m3h3 - mzhz +[m(uf _ui)]SHX,Z—S (445)

Qsiix 1= QSHx,z (4.46)
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4.5 Determination of mass inside each component and the term (m (us-
u;j)) in the unsteady energy equation for each component of HSAR

cycle

During the effective sunlight hours the mass inside each component is assumed
constant for each time interval (At). Hence, the unsteady behavior of HSAR cycle under
the complete working conditions is mainly due to the time variations of: the internal
energy per unit mass inside the system (u; and us) and the flowing masses in and out (mj,
and mg,;) of each component (control volume) and their enthalpies (hi, and hoy ), not due
to the mass (m) inside each control volume (component).

The determination of the mass (m) inside each component (control volume) of
HSAR cycle develops the need to design the component as a heat exchanger. NTU
(Number of transfer units) method [50] is used for the design of such heat exchangers
using EES Software. For the sake of simplification, each of these heat exchangers in
HSAR cycle is assumed to be of the counter-flow concentric annulus type with an

effectiveness of 0.75. NTU for each counter-flow heat exchanger is determined from the

known effectiveness (g) and the capacitance rates C (é —m ¢, ) for the hot and cold fluids

flowing in the heat exchanger. The mass flow rate (1) for each component is determined
from the steady-state model using mass and energy balance equations of HSAR cycle
(using average values for representative days of both summer and winter for Dhahran,
2011). The specific heat of pure ammonia / water (coolant) inside the heat exchanger is
determined by EES using the average of two known properties at inlet and exit, e.g.,
pressure (P) and temperature (T). For heat exchangers which use aqua-ammonia solutions

such as absorber and generator, the chart shown in Fig. (i) [51] is used to determine the
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specific heat. Due to insufficient data and unknown coolant (water) temperatures at inlet
or exit of heat exchanger, the mass flow rate of the coolant (water) used in condenser,
absorber and dephlegmator is assumed equal the mass flow rate of ammonia inside these
heat exchangers. Brine, due to its ability to decrease the freezing point of water up to -21
°C (at 23.3 % of NaCl by weight in water) [52], is used as a medium to transport heat
from the cold space to the evaporator (Tevsp = -5 °C). Pressurized hot water at 5 bars
(boiling point = 152 °C) is used as the medium to transport heat energy from the solar
collectors (Ts = 123 °C at Tamp = 40 °C) to the generator. High pressure hot water in the
collector-generator loop should have a saturation temperature greater than Ty to prevent
evaporation and reduce the possibility of cavitation and degradation of pump used in
collector-generator loop. From the known effectiveness and capacitance rates, NTU is

determined using the following EES command:

NTU=HX('counterflow", effectiveness, C_dot_fluidl, C_dot_fluid2, 'NTU")

Where C_dot_fluid1l and C_dot_fluid2 are the capacitance rates of the two fluids
used in heat exchanger.

Having obtained the value of NTU, the total heat transfer area (A) can be found

by: A=(NTU xémin)/u : Cin 1S the minimum of the values of capacitance rates of the
two fluids used in the heat exchanger. U is the overall heat transfer coefficient which is
obtained using the method proposed by Lavanya and Murthy [53]. Assuming tube length
(I) equal 0.5m, neglecting the thickness (t) of the tube as compared to its length (t << I)
and thus inner radius= outer radius= radius (r), the radius (r) of each tube is determined

as: r=A/(2zl)and the total volume of fluid inside the tube is determined as:

V=7zxr’xl.
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The density (p) of the fluid inside the tubes of the heat exchanger is determined
by EES using the average of three/two known properties from any of the six properties
(pressure, temperature, mass concentration, internal energy, specific volume, enthalpy,
specific entropy and quality) for aqua-ammonia/pure ammonia at the inlet and exit. Thus

the mass of the fluid inside the tubes of heat exchanger is: m= pxV .

In condenser, evaporator, generator, absorber and dephlegmator heat exchangers,
ammonia/ ammonia solution is assumed inside the tube whereas coolant
(water)/pressurized hot water (in a loop between the collector and generator)/brine
solution (in a loop between the evaporator and the cooling space) is assumed in the
annular space between the tube and the shell of the concentric heat exchanger. In SHX,
the strong solution is assumed inside the tube whereas the weak solution is assumed in
the annular space between the tube and the shell of the heat exchanger. In RHX, the
vapor ammonia (coming from the evaporator) is assumed inside the tube of the heat
exchanger whereas the liquid ammonia (coming from the condenser) is assumed in the
annular space. The volume of the fluid in the annular region in RHX and SHX is

determined by: V = z(r,> —r*)l where r is the radius of the shell (inside diameter of the

annulus outer tube) of the concentric counter-flow heat exchanger, r is the radius of the
tube and the radius of the shell is assumed double the radius of the tube, i.e., rs= 2r. From
the volume and density of the fluid in the annular region, the mass of the fluid in the
annular region is determined.

The internal energy (u) inside each control volume (component) of HSAR cycle is
determined at the start (u;) and the end (us) of each time interval At by EES software

using three/two known properties of the substance inside the control volume. The very
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initial internal energy value inside each control volume (component) of HSAR cycle is
assigned zero at the beginning of the warming-up period ((u; = O at sunrise, 5 AM/7 AM
in summer/winter). At the end of the warming-up period (6 AM/8AM in summer/winter),
the final internal energy (ur) is determined by EES Software using any three known
properties for each control volume; this is the initial internal energy for the first time step
in the unsteady analysis inside each component of HSAR cycle under the complete
working coditions. As the properties inside the control volume are unknown, therefore,
an iterative procedure is needed with initial values of these properties assumed to be the

average of the known properties at the inlet and exit of each control volume.
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CHAPTER 5

EXERGY ANALYSIS OF HSAR CYCLE

Chapter 3 discussed about the thermodynamic and economic assessment of HSAR
cycle. Thermodynamic analysis using mass and energy balance equations present the
quantitative aspsect of any system. However, for comparison purposes, a more detailed
qualitative analysis needs to be carried out. Exergy analysis based on second law of
thermodynamics presents the quality of a system. The fact that exergy is not conserved
and part of it is destroyed is of more significance than energy analysis in the design of
thermal systems. Exergy analysis can be used to identify the components with high
exergy losses. Once such components are identified, they can be modified to increase the
overall efficiency of the system. As energy is conserved and does not reveal any
information on energy losses of the system, it is inappropriate to design a thermal system

based solely on energy analysis.

Exergy is defined as the minimum theoretical useful work required to form a
quantity of matter from substances present in the environment and to bring the matter to
a specified state [41]. While discussing exergy, it is important to consider the difference
between the surrounding and the environment. Surrounding is everything outside the
system where as environment is a part of the surrounding, the intensive properties of
which are uniform and do not change significantly as a result of any process [41]. Exergy
destruction which is mainly due to friction and other resistances will not be considered in
the exergy analysis of HSAR cycle. However irreversibilities due to finite temperature

heat transfer processes produce exergy losses that will be considered in each component
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of the HSAR cycle. Exergy analysis for HSAR cycle is performed keeping in view the

same assumptions as used in chapter 3.

5.1 Generalized Mathematical Formulation

The total exergy of a system is composed of four components namely, physical

exergy X', kinetic exergy XXT, potential exergy X"" and chemical exergy X"
Xtot:XpH+XKT+XPT+XCH (51)

The kinetic and potential exergies can be converted to work if the system is
brought to rest relative to the environment. In HSAR cycle, the kinetic and potential
exergies are considered zero for all the components. As no chemical reaction occurs in
any component of HSAR cycle, the value of chemical exergy remains the same at inlet
and outlet of all the components. Thus chemical exergy can be neglected for HSAR cycle
as the difference between the exergy values at inlet and outlet for each component will
eventually make it zero. Thus for HSAR cycle, the total exergy is equal to physical

exergy for all the system components.

Xtot — X PH (52)
5.1.1 Physical Exergy and Exergy Loss

The physical exergy per unit mass of a closed system is given as [41]

XM =u-u,)+p,(v-v,)-T (s-s,)

(5.3)
h—ho = (U—UO)+ pO(V_Vo) (54)
XM =(h-h)-T,(s-s,) (5.5)
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Where T, is the reference temperature which is assumed as the ambient temperature in the
exergy analysis of HSAR cycle.

The exergy per unit mass of a mixture is given as [21]

X = ixnhn —Toixnsn
n=1 n=1

(5.6)
The exergy rate of a mixture is given by
).( = m(z thn _Tozxnsn) (57)
n=1 n=1
The rate of exergy loss for a system component is governed by
Xi=YX =YX +Q(1-T,/T)+W (5.8)

The third term on right hand side of equation (5.8) is the exergy of heat.

5.1.2 Exergetic Efficiency

The exergetic efficiency, also known as second law efficiency, is a suitable
parameter for determining the performance of a thermal system. Refrigeration systems
must be compared using exergetic efficiencies rather than vales of coefficient of
performance. This is because a system with high COP may have more exergy losses as
compared to a system with low COP. Thus comparison on the basis of COP values does

not give a true measure of a real performance of any system.

While discussing the exergetic efficiency, it is important to get familiarized with
the fuel, product and loss (F-P-L) definitions. The product is the desired result produced

by the system while the fuel is the utilization of all the resources to generate the products
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[41]. The term fuel should not be confused with the real fuels like methane, natural gas

etc.

).(pz).(F—).(D—).(L (5.9)

Where,
X p = exergy rate of products

X = exergy rate of fuel
X p = rate of exergy destruction

X L = rate of exergy loss

Therefore the exergetic efficiency can be expressed as

X
&E=—"

. (5.10)
XF

5.2 Mathematical formulation of HSAR Cycle

The exergy balance equations are developed for each component of HSAR cycle.
The exergy losses are calculated for each system component. The components with high
exergy losses need to be reduced to enhance the overall performance of the system. The
same assumptions as discussed in chapter 3 are used in the exergy analysis of HSAR
cycle except the evaporator temperature which is assumed to be fixed at -5 °C. T,, which
is the reference temperature, is assumed as the ambient temperature. A detailed exergy

analysis for each component of HSAR cycle is discussed below.
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5.2.1 Generator- Double Rectification Column-Dephlegmator assembly
The two columns (exhausting and rectifying columns) along with the generator
and dephlegmator units are analyzed together and thus the exergy analysis for the double

rectifying column and the dephlegmator unit are not performed separately.

The inlet and outlet exergy transfer rates and rate of exergy loss for the generator-

double rectification column-dephlegmator assembly are respectively:
X gi =Ms (Xsh, —To(x333))+}n14 (Xyahhy =Ty (X4S14)) (5.11)
X b0 =M (X3 —To (XisSi5) ) + m. (%0, =To(X,5,)) (5.12)
Xt =Xgi-Xgo+Q, (L-T, /T,)-Q, (1T, /T,)

(5.13)
5.2.2 Condenser

At an instant of time, the following equations were developed for condenser:

Xci =My (x,h, =Ty (%;5,)) (5.14)
X co = Mg (Xhy T, (%:5,)) (5.15)
>.<C.L = )kc.i_kc.o_Q.c (1_To /Tc) (516)

5.2.3 Evaporator
The evaporator exergy inlet and outlet transfer and loss rates during daytime are

respectively:

).( e.i,day = [r}]lo (thlo _To (Xloslo))]day (517)

).( e.0,day = [rhll (X11hll _To (Xllsll))]day (518)
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Xy = Xeiday— Xeoday + Qg gy (1= T, gy /To ) (5.19)

The same equations (5.17), (5.18) and (5.19) but with different values of mass
flow rates, enthalpies, entropies, reference/ambient temperature and thermal power are

used to determine the exergy loss of the evaporator during the nighttime.

5.2.4 Absorber
The inlet and outlet exergy transfer and loss rates for absorber during daytime are
respectively:
X ai,day = [m12 (thlz _To (Xusu))"'mﬁ (Xeha _TO(XGSG))]day (5_20)
X a.o,day = [ml (thl _To (Xlsl))]day (5.21)
X a.L,day = X a.i,day — X a.o,day—Qa’day (1_To,day /Ta,day) (522)
The same equations (5.20), (5.21) and (5.22) but with different values of mass

flow rates, enthalpies, entropies, reference/ambient temperature and thermal power are

used to determine the exergy loss of the absorber during the nighttime.

5.2.5 Liquid-Liquid Heat Exchanger/Solution Heat Exchanger (LLHX/SHX)

The inlet and outlet exergy transfer and loss rates for LLHX are respectively:

X stocs = M2 (%0, =T, (%,5,))+Me (X1, — Ty (%,5,))

(5.23)
XsHx.o = Ms (X5h5 -T, (X535))+m3 (X3h3 -Tp (X3$3)) (5.24)
X s = X srix.— X srixco (5.25)
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5.2.6 Vapor-Liquid Heat Exchanger/Refrigerant Heat Exchanger
(VLHX/RHX)

The inlet and outlet exergy transfer and loss rates for VLHX/RHX are

respectively:

).( RHX.i = r}ls (Xghg _To(xsss))+.rn11 (X11hn -T, (Xilsll)) (5.26)
).( RHX.0 = rhg (Xghg -T, (ngg))+.rn12 (X12h12 —TO(X12812)) (5.27)
).<RHX.L = >.<RHX.i—>.<RHX.0 (5_28)

5.2.7 COP, ECOP, Circulation Ratio (f) and Exergy Loss Ratio
The results of HSAR cycle and the HSAR cycle were compared on the basis of
the following parameters: COP, ECOP, circulation ratio (f) and the exergy loss ratio (Y. k)

[41] and written as:

COP = (Qe,day + Qasr)/Qq (5.29)

ECOP = —[Q¢4ay(1 - T,/T.)]/[Q,(1 - T,/T,)] (5.30)
f =1y /1, (5.31)

v = X/ XL tor (5.32)
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CHAPTER 6

EXERGO-ECONOMIC EVALUATION OF HYBRID
STORAGE ABSORPTION REFRIGERATION (HSAR)

SYSTEM

6.1 Economic Evaluation

The economic analysis of any thermal system is very important in its successful
installation and operation. The economic analysis of HSAR cycle involves the cost
estimation of its each component. The estimated cost break down obtained in this section

will be used to perform the exergo-economic evaluation of HSAR cycle.

The total capital investment (TCI) for each component of HSAR cycle is estimated

from the economic data presented by Roberto et al. [40] using the following relation:

o3

A, 6.1)

Where

Cy = unknown cost of y item
Cw=known cost of w item
Ay = Area of y item

Ay = Area of w item

o = Scaling component
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TCI for HSAR cycle only refers to the purchased equipment cost. The installation
cost, piping cost, cost of instrumentation and controls, land cost, cost of service facilities
and engineering and supervision costs are all neglected for the sake of simplicity. Flat
plate solar collector field has the highest cost in HSAR cycle followed by the absorber
and generator costs. Refrigerant heat exchanger (RHX) has the least cost among all the

components considered in the economic analysis of HSAR cycle.

Table 6-1 Cost estimation of HSAR cycle

Components Cost (USD)
Flat Plate Solar Collectors (FSC) 16260
Generator 5390.6
Evaporator 4613.8
Condenser 3245.4
Absorber 7659.6
Solution Heat Exchanger (SHX) 1890.6
Refrigerant Heat Exchanger (RHX) 318.3
Pump 505.7
Total 39,884
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The flow path of HSAR cycle is shown in Figure 6-1. This cycle has been
explained in detail in Chapter 3. As the costs of dephlegmator and rectifier could not be
obtained, therefore these components are neglected in the exergo-economic analysis of
HSAR cycle. The evaporator assembly is composed of an evaporator, condenser and an
absorber heat exchanger as shown by the box in Figure 6-1. These components are
confined into a single assembly to simplify the analysis and to meet the criterion of F-P-L

definition which is discussed in the next section.
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Figure 6-1 Flow path of refrigerant, weak solution and strong solution in HSAR
cycle
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6.2 Assumptions
The exergo-economic evaluation of HSAR cycle is based on the following

assumptions:

1. The evaporator, condenser and the absorber are combined together in a single
unit. i.e., evaporator assembly, as shown in Figure 6-1.

2. Concentrated solution (x;=X»=X3) is referred to as rich in ammonia and weak
solution (X4=Xs5=Xg) is referred to as weak in ammonia.

3. Almost pure refrigerant of x = 0.999 ammonia concentration is assumed at the
exit of the dephlegmator [21].

4. No energy loss is assumed between the solar collectors and the generator. i.e.,
Qgen: Qsc-

5. HSAR cycle is developed for 5 kW cooling capacity per day (120 kWh/day) at a
constant cooling temperature of -5 °C.

6. For steady-state analysis, based on the 0.4% design conditions for Dhahran, the
ambient summer temperature is assumed equal to the dry bulb temperature (Tamp =
Taryour = 44.2 °C) and the maximum coincident wet bulb temperature (T wetoui) IS
23.1°C [56].

7. The condenser/absorber temperature is assumed 5 °C higher than the wet bulb
temperature. i.e., Taps = Tcond = Twetbu + 5 °C [1].

8. The reference temperature used in the exergy equations is assumed equal to the
ambient temperature. i.e., To = Tamp.

9. The net size of the storage tanks is increased if more cooling load is shared by the

AST than by the CST overnight. On the other hand, the exergetic performance of
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the system is dropped (due to high exergy losses) if more cooling load is shared
by the CST than by the AST overnight. Therefore, the cooling load is assumed

equally shared between the CST and AST overnight.

6.3 Exergy analysis of HSAR Cycle based on Fuel, Product and Loss
(F-P-L) streams

Fuel, product and loss streams for HSAR cycle are shown in Table 6-2. The exergy
of heat (Xq,gen) is considered as a fuel in generator as it is used to produce the refrigerant
from an aqua-ammonia mixture. There is no exergy loss in the generator; instead, it has
exergy destruction. The exergy losses are only associated with the condenser and
absorber in the HSAR cycle because these components reject heat directly to the
environment. The exergy stream in evaporator, condenser and absorber is considered as
the fuel in evaporator assembly. The cooling effect of the evaporator (Xq,evap) is selected
as the required product of evaporator assembly while the exergy due to heat of condenser

and the absorber is the exergy loss.

In refrigerant heat exchanger (RHX), the exergy stream of refrigerant vapors is the
fuel while the exergy stream of the liquid refrigerant is defined as the required product.
Similarly in SHX, the exergy stream of weak solution is the fuel whereas the exergy
stream of strong solution is the product. The power input to the pump is considered as the
fuel and the exergy stream of the strong solution is considered as the product. If an
overall HSAR cycle is evaluated without considering the component by component
detail, pump work and the generator exergy due to heat are designated as the fuel and the
cooling effect of the evaporator is selected as the product. The overall exergy loss is the

total exergy due to heat of condenser and absorber. In the rest of the components, the
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irreversibilities are not perceived as exergy losses rather they are only considered as

exergy of destruction.

Table 6-2 Fuel-Product-Loss streams for HSAR cycle

Components Fuel Product Loss
Generator X, gen X7+X, — X3 ;
Evaporator X12 +X6 - X13+ Xq,evap Xq.con + Xq,abs
Assembly X, — XgtX,0 —

Xll
RHX XII_XIZ X9_X8 )
SHX X4_ — XS X3 - XZ -
Pump W yump X; — X, ;
Overall Xy gen™W pump X g evap Xgcon + Xqabs
System

After defining the F-P-L streams for HSAR cycle, the exergetic efficiency, exergy
destruction ratios and exergy loss ratio for each component of the HSAR cycle are

determined individually.

Exergy destruction ratio is defined as the ratio of the rate of exergy destruction (Xp) to

the total exergy rate of fuel (Xp ;o;) [41].

(6.2)
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Instead of total exergy rate of fuel, the rate of exergy destruction can also be compared to
the total exergy destruction rate [41], i.e.,
X
Yo="— 63
X D ,tot

The exergy loss ratio is defined as the ratio of the exergy loss rate to the total exergy fuel

rate.

(6.4)

X

Y. ==
X F ot
Since the generator has high entropy generation due to the heat transferred by
solar collectors, it has the highest value of exergy destruction ratio among the
components of HSAR cycle as shown in Table 7-6. The exergy destruction ratio in
solution heat exchanger (SHX) and evaporator assembly is almost half to that of the
generator. The exergy loss ratio is zero in all the components except for evaporator
assembly because the evaporator assembly includes the absorber and condenser units
which dissipate heat directly to the environment. Both pump and the RHX have very low

percentage of exergy destruction ratio.
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6.4 Exergy Costing

Exergy gives the qualitative measure of any thermal system. The exergy analysis
measures the irreversibilities in a system and quantifies the actual amount of energy
available to the system. In exergy costing, costs are associated with the exergy stream of
each component of thermal system [41]. The following equations govern the exergy

costing of the k component of the thermal system:

Zée,k +éw,k = Zéi,k+2k+éq,k

(6.5)
Ci=c Xi (6.6)
Ce=C, Xe 6.7)

Where ée,k is the cost rate of exergy stream at exit, éi,k is the cost rate of exergy
stream at inlet, C'W,k and C'q_k are the cost rates associated to the power and heat transfer
respectively.c; and c, represent the average cost per unit of exergy and measured in
dollars per gigajoule ($/GJ). The cost rate is measured in dollars per unit time ($/t) [41].
7, is the sum of the cost rates of capital investment and operation and maintenance

(O&M) as shown in the following relation:
Z =ZCI +20M (6_8)

Zom is neglected in HSAR cycle as it does not involve any moving components

except the pump. Hence the above equation is reduced to:
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Z=Zq (6.9)

The cost rates associated with the capital investment (Z) of each component of

HSAR cycle is shown in the following table.

Table 6-3 Cost rates of Capital Investment of HSAR cycle components [40]

Components Z ($lyr)
Flat plat Solar Collectors (FSC) 649.6
Generator 214.12
Evaporator 184.48
Condenser 129.61
Absorber 306.21
Solution Heat Exchanger (SHX) 75.37
Refrigerant Heat Exchanger (RHX) 12.61
Pump 20.22

The exergy costing for each component of HSAR cycle is discussed below:

6.4.1 Generator
The cost rate of exergy streams for generator assembly as shown in eq. (6.10) is

governed by eq. (6.5). den in eq. (6.10) is known and is obtained from Table 6-3. As no

heat loss is assumed between the generator and solar collector, the heat required at

generator is equal to the heat supplied by solar collector. Greater the heat required at
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generator, greater will be the area of solar collectors. Therefore the cost rate associated
with the exergy stream of heat of generator (C'gen) is equal to the cost rate of capital

investment of solar collectors.

C.:7+C.:4—C.:3 :éq,gen+2gen (610)
C, >.(7+C4).<4—C3 >.(3:Cq’gen).<q,gen+z.gen (611)
ZFSC =C >.(q,gen (612)

qg,gen

X7, X4, X3, X gen are known values as obtained in Chapter 5. ¢, 4¢,, is obtained
from eq. (6.12). Therefore c7, ¢4 and cz are the three unknowns and hence two auxiliary

equations are required which are given as follows:

C, =C,4 (6.13)
C, =Cs (6.14)

6.4.2 Condenser
The cost rate of exergy streams for condenser is shown by the following

equations:

és :é7+zcon—écon,loss (6.15)

Cq X = c, ).(7+Z.c0n—CFYEA ).<con,loss (6.16)

Z.on IS Obtained from Table 6-3 and E, and Eg were calculated in Chapter 5. cpea

is the cost per exergy unit of fuel for evaporator assembly which will be discussed in the
next section. We have one equation and two unknowns (cg and c7). Hence an auxiliary

equation is required which is given as:
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c, =¢, (6.17)

6.4.3 Evaporator
The exergy costing of evaporator is governed by the relations as shown below.

X11, X10, Xgevap aNd Zgpqp are known and i1, C1o and Cq, evep are unknowns.

éll = élo+ éq,evap + Zevap (6 18)

Cy X1 = Cio X1O+Cq,evap X q.evap 1 Zevap (619)
Hence there are three unknowns and one equation. Hence two more auxiliary
equations are required to solve exergy costing equations for evaporator which are shown

below:

Cgo=C1p (620)

C10=C11 (621)

6.4.4 Absorber
Absorber has two inlet exergy streams and one outlet exergy stream. Crea, Zgps

and inlet and outlet exergy streams are known.

(513 Zélz+ée+2abs—éabs,loss (622)

C13 X13 = C12 X12+C6 X6+Zabs—CF‘EA Xabs,loss (623)
Ci9, C12 and cg are the three unknowns, so two more auxiliary equations are

required which are shown below:

Ce=Cs (624)

C12=C11 (625)
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6.4.5 Refrigerant Heat Exchanger (RHX)
Cg and C,, are cost rates of inlet exergy stream while Cy and C,, are the cost rates

of outlet exergy stream. Zgyx, C11, C12, Cg and all exergy streams (E) are known. There is
one unknown (cg) and one equation. Therefore auxiliary equation is not required in the

exergy costing of RHX.

é9+é12 Zés+é11+2RHx (6.26)

Cg>.(9+clz).(12:C8>.(8+Cll).(11+Z.RHX (6.27)

6.4.6 Solution Heat Exchanger (SHX)
The cost rate of exergy streams for SHX is shown in the following equation:

és+é5 =é2+é4+23Hx (6.28)

C; X3+C, X5 =C, X2+C, Xa+Zshx (6.29)
Ca, C4, Zgyxand all the exergy streams are known while ¢s and ¢, are unknowns. There are

two unknowns and one equation due to which one more auxiliary equation is required.

C4=Cs (6.30)

6.4.7 Pump
The equations of cost rate and cost per exergy unit for pump are given as:

Cz = Ci+ Z pump (6.31)

C, X2 =C X1+ Z pump (632)
¢y and c; are the two unknowns. Hence an additional auxiliary equation is given as

follows:

C1=C13 (633)
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The exergo-economic data obtained by solving the exergy costing relations for
each component of HSAR cycle is presented in Table 6-4. The table summarizes the cost
rates, cost per exergy unit and cost per unit mass along with other variables for the flow

path of HSAR cycle.
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Table 6-4 Exergo-economic data for HSAR cycle

Flow Temperature  Pressure NH;3 Mass flow Exergy  Costrate Cost/exergy  Cost/
orde rates mass
r (°C) (bar) conc. X c c
m
(%0) (kW) ($/day) ($/GJ) c
1 25.92 3.52 52.2 27.67 55.07 127.5 26.8 5.33
2 25.92 10.9 52.2 217.67 55.1 127.6 26.79 5.33
3 65.4 10.9 52.2 217.67 55.17 129.6 27.2 5.42
4 120 10.9 2459 17.45 36.04 123.2 39.56 8.17
5 44.73 109 2459 17.45 35.37 120.9 39.56 8.01
6 44,73 352 2459 17.45 27.29  93.28 39.56 6.18
7 56.06 10.9 99.9 10.22 21.75 4.09 2.178 0.46
8 28 10.9 99.9 10.22 15.68 2.95 2.178 0.33
9 19.53 10.9 99.9 7.23 15.69 2.92 2.155 0.46
10 -4.87 3.52 99.9 7.23 15.65 291 2.155 0.46
11 -5 3.52 99.9 7.23 14.3 2.66 2.155 0.42
12 115 3.52 99.9 7.23 14.26 2.65 2.155 0.42
r 28 3.52 50.8 20.7 41.18  95.37 26.8 5.33

6.5 Non-Exergy costs of storage tanks

tank in HSAR cycle do not contribute in the exergy costing. But these storage tanks have
high costs due to which they cannot be neglected and hence considered as non-exergy

costs. Both ammonia and aqua-ammonia storage tanks have very high costs in the market
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due to thick walls made of stainless steel. The non-exergy costs associated with these
storage tanks is added to the exergy rate of the stream as shown by the following relation
[41]:

NE

ék,tot :ék‘l‘ék (6_34)

The non-exergy cost of ammonia storage tank is added to exergy stream 8, weak
solution tank is added to exergy stream 5 and the strong solution tank is added to exergy

stream 13 as shown by the following equations:

NE

éS,tot = és+ Z AST (6.35)
. .. N
Csot =Cs+ Zwst (6.36)
. . . NE
Cuztot =Cui3+Zsst (6.37)

Where Z,gr, Zysrand Zser is the capital investment of ammonia storage tank

(AST), weak solution tank (WST) and strong solution tank (SST).

6.6 Exergo-economic evaluation of HSAR cycle

The general relation based on fuel-product-loss definition for exergo-economic

analysis is shown as follows:

éP,k :éF,k—éL,k+2k (6.38)
The cost rate of exergy destruction (CD_k) does not appear explicitly in equation
(6.38) used for exergy costing. These costs are referred to as hidden costs but are

exceptionally important in the exergo-economic evaluation of HSAR cycle [41]. The cost
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rates of fuel and product for each component of HSAR cycle are obtained in exactly the
same manner as the exergy of fuel and product were obtained using the flow streams as

shown in Table 6-2.

The mathematical formulation of exergo-economic evaluation for each component

of HSAR cycle is discussed below:

6.6.1 Generator
The cost rates of exergy stream of the fuel and product and cost rate of capital

expenditure for generator are governed by the following relation:

Chogen = Cr.gen+Z gen (6.39)

The cost per exergy unit of the fuel and product for generator is calculated as:

—E (6.40)
X F,gen

Cogn =2 (6.41)
X P,gen

Exergy destruction in generator is mainly due to the entropy generation. Cost rate

of exergy destruction for generator is given as:

éD,gen = CF,gen X D,gen (642)
6.6.2 Evaporator Assembly
The cost rates and cost per exergy unit of the fuel and product for evaporator

assembly are defined as:
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éP,ea :éF,ea—éL,ea‘i‘Zea (643)

Crop = CF (6.44)
X F,ea

Coen = CF’ (6.45)
Xpea

In the evaporator assembly, exergy losses occur in condenser and the absorber
due to the heat dissipation to the environment. The cost rates of exergy losses and exergy

destruction for evaporator assembly are as follows:

éL,ea =C X L.ea (6.46)

F.ea

éD,ea = CF,ea X D,ea (647)

The cost rate of capital investment in evaporator assembly is the sum of cost rates

for evaporator, condenser and absorber.

Zea =2evap+200n+2abs (648)

6.6.3 Refrigerant Heat Exchanger (RHX)
The cost rates, cost per unit exergy and cost rate of exergy destruction for RHX

are governed by the following equations:

éP,RHX ZéF,RHx+2RHx (6.49)
Cermx = (.:F'RHX (6.50)

X FRHX
Cp RHXx :C.:P’ﬂ (6.51)

X P,RHX
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éD,RHX = Cr rux X D,RHX (6.52)

6.6.4 Solution Heat Exchanger (SHX)
The cost rates, cost per unit exergy and cost rate of exergy destruction for SHX

are governed by the following equations:

C.:P,SHX = éF,SHX + ZSHX (6.53)
Crshx = C':ﬂ (6.54)
X F sHx
Coshx = C.:P’i (6.55)
X p,sHx
éD,SHX = Cr ghx X D,SHX (6.56)

6.6.5 Pump
The cost rates, cost per unit exergy and cost rate of exergy destruction for pump is

governed by the following equations:

éP,pump = éF,pump-FZpump (657)
CF,pump = C.:prump (658)

X F, pump
L. (6.59)

X P, pump
CD,pump = CF,pump X D, pump (660)
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6.7 Exergo-economic variables

The following variables, also referred to thermo-economic variables, are extremely

important in the exergo-economic analysis of HSAR cycle:

a) The average unit cost of fuel cg

b) The average unit cost of product cpk

c) The cost rate of exergy destruction Cp .
d) The relative cost difference r

e) The exergoeconomic factor fy

The relative cost difference (ry) shows the relative increase in the average cost per

exergy unit between the fuel and the product [41]. Mathematically, it is shown as:

Cp—C
=———= (6.61)
CF,k

The relative cost difference should be minimized to optimize the HSAR cycle.
This can be achieved by either decreasing the average cost of the product or by
decreasing the difference between the average cost of the product and the average cost of

the fuel.

Another important variable is the exergoeconomic factor (fi) which is given as:

- Zx

= (6.62)
Zk+CLx+Coyi

Exergoeconomic factor shows the impact of costs related to capital investment Z,

to the cost rate of exergy destruction and exergy losses. A high value of exergoeconoic

103



factor for any component suggests that the cost of capital investment should be reduced
even at the expense of exergetic efficiency and a low value of exergoeconomic factor
reveals that the exergetic efficiency of the component should be increased even at the

expense of the cost of the capital investment.
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CHAPTER 7

RESULTS AND DISCUSSION

7.1 Steady State Thermodynamic Analysis

The paper presents the results of energy and exergy analysis of hybrid storage
absorption refrigeration (HSAR) cycle with that of a refrigerant storage absorption
refrigeration (RSAR) cycle and a cold storage absorption refrigeration (CSAR) cycle. All
the three storage systems provide refrigeration 24-hours a day. In HSAR cycle, the
nighttime refrigeration load (5kW) is equally shared (assumption 4) between the CST and
the AST (2.5 kW each). The total size of the required storage tanks is therefore reduced
to 62 % the total size of storage tanks required in refrigerant-storage absorption
refrigeration (RSAR) cycle, as shown in Table 7-1.

Table 7-1- Comparison of size of storage tanks for different storage designs

Size for Size for Size for
bressure Temperatu NHs mass P 5 kW cooling 5 kw coolling 5 kW coo.ling
Stora (bar) rep(OC) concentrati power in powerin power in
g on, X (kg/m?) HSAR Cycle RSAR Cycle  CSAR Cycle
e Tank
m (m®) (m®)
CST 1.01 -5 - 917.4 0.35 - 0.70
AST 17.69 43.86 0.996 573.2 0.17 0.34
WST 17.69 60 0.342 789.9 0.63 1.26
SST 3.53 45 0.404 846.7 0.70 1.40
Total 1.85 3.00 0.70
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Thermal powers and the corresponding thermal energies for different components
of HSAR cycle, RSAR cycle and CSAR cycle for the average summer ambient
conditions of Dhahran are shown in Table 7-2. The generator has the maximum thermal
energy among all the components for three storage cycles. Since the absorber does not
operate during the night in CSAR cycle, the absorber energy is maximum during the day
in CSAR cycle as compared to the respective energies of absorber for HSAR cycle and
the RSAR cycle. More ammonia is absorbed in the absorber during the daytime in HSAR
cycle than the amount of ammonia absorbed in RSAR cycle (as the ammonia is used both
for refrigeration in evaporator and ice production in CST in HSAR cycle during the day
whereas ammonia is only used for refrigeration during the day in RSAR cycle), therefore
the absorber energy is more in HSAR cycle during the daytime than the absorber energy

in RSAR cycle.

Since the parameters used to determine the condenser energy (ammonia
concentration; x, condenser temperature; Tcond and the quality of ammonia at the
condenser exit (saturated liquid)) are same for all the three cycles, the condenser energy
remains the same for all the three storage cycles. The three storage systems are compared
for fixed cooling capacity, i.e., 5kW, with the daily cooling energy of 5kW x 24h=120
kWh and the cooling load during the daytime equal to 120kWh/12h = 10 kW. In HSAR
cycle, out of 10 kW of cooling load during the daytime, 5 KW is used in refrigeration, 2.5
kKW is used to produce ice and 2.5 kW is the cooling load to be shared by ammonia in
AST during the nighttime. In CSAR cycle, 5 KW is used in refrigeration during the
daytime and 5 kW is used to produce ice for nighttime refrigeration. In RSAR cycle, 5

KW is used in refrigeration during the daytime and 5kW is the cooling load to be
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delivered by ammonia stored in AST during the nighttime. Over the 24 hours of the day,
the net value of energy gained by the system (summation of positive values in kWh)
should be equal to the net value of energy lost by the system (summation of negative

values in kWh).
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Table 7-2 -Comparison of thermodynamic energy analysis of HSAR Cycle, RSAR Cycle and CSAR Cycle

Components Daytime Daytime Power (kW)/Energy (kWh) Nighttime Nighttime Power (KkW)/Energy (kWh)
Working Working
hours hours

Generator 12 +20.51/+246.12 +19.89/+238 +21.11/+253.3 - - - -
.68 2

Condenser 12 -10.2/-122.4 -10.2/-122.4 -10.2/-122.4 - - - -

Dephlegmator 12 -1.606/-19.27 -1.513/- -1.682/-20.184 - - - -
18.156

Total Energy +25.03 +47.88 +0.492 -24.12 -46.86 -
(kwh)
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Figure 7-1 (a) COP and ECOP versus T g, at different condenser temperatures (b)

COP versus generator temperature for different values of SHX effectiveness (€snx)

(c) Circulation ratio (f) versus generator temperature (Tgn) at different condenser
temperatures
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7.2 Unsteady Thermodynamic Analysis

The unsteady results are plotted for the selected five consecutive days of summer
(June 15-19, 2011) and winter (December 21-25, 2011) for Dhahran region. The time
along x-axis is shown in a 24-hour format in all the unsteady plots. The variation of the
instantaneous COP 4,y and the condenser pressure (Pcond = P nign) With the instantaneous
ambient temperature and solar intensity for summer (June 15 —June 19) is shown in
Figure 7-2. The ambient temperature during the daytime shows a progressive increase
from June 15 to June 19. The instantaneous COP 4, decreases with the increase in solar
intensity and ambient temperature in the morning and reaches its minimum value near to
the time of noon. Then it starts to increase with the decrease in solar intensity and
ambient temperature till the end of effective sunlight hours. Such a behavior of the
instantaneous COP 4y is anticipated since the cooling load is constant while the
instantaneous (hourly) Qq is increasing and then decreasing with time. The instantaneous
COP gay value at the end of the day is lower than the instantaneous COP 4.y value at the
start of the day due to lower energy of generator (Qg) in the morning than in the
afternoon. The COP iy has a peak value (=0.44) on 15™ June, which received the
maximum peak solar radiation (1015 W/m?) and has the minimum peak ambient
temperature among the representative days of summer 2011.

Figure 7-2 shows also the variation with time of the weak solution concentration
(at exit of generator, X4 = X5 = X156 = X17 = Xg = Xus) for representative days of summer
(2011). As the generator temperature increases with the increase in solar intensity and

ambient temperature, more ammonia evaporates from the aqua-ammonia solution in the
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generator and hence the concentration decreases inside and at exit of the generator (Xus)
as shown in Figure 7-2.

Though the trend of the instantaneous COP 4y for the representative days of
winter is similar as that of summer, the instantaneous COP g,y in Winter is higher than that
in summer as given in Figure 7-3. The given overall cooling output of the system (Qyefq +
Qcst + Qast) during the effective sunlight hours in winter is assumed to be the same as in
summer as shown in Table 4-1. Since COP gay = (Qrera + Qcst + Qast)/Qq, the higher COP
day IN Winter is due to the lower energy of generator (Qg) while the overall output in the
numerator remains constant. Moreover, in winter, the condenser pressure is lower than in
summer due to the lower ambient temperature. The low (evaporator) pressure of the cycle
remains fixed throughout the year as this low pressure depends on the fixed evaporator
conditions at its exit (i.e., Tevap =T11= T11»= T1y» = -5 °C, ammonia mass concentration =
0.996 and saturated ammonia vapor at the exit of evaporator). So the enthalpy difference
between state 4 (hs), which lies on the high (condenser) pressure line, and the pole of the
generator (hpg), which lies below the low pressure line, becomes less in winter than in
summer. As this difference equals the ratio of the required generator energy (Qg) to the
mass of weak solution at generator exit (m4) as shown by equation (7), Q4/m4 becomes
also less in winter than in summer, which leads to the higher values of COP g,y in winter
than in summer,

The condenser pressure (Pcond = P nigh) IS the highest pressure in HSAR cycle and
it varies with ambient temperature. The instantaneous value of condenser pressure is
lowest at the beginning of the day but as time elapses the ambient temperature rises and

causes the condenser pressure to raise as well. The peak condenser pressure occurs at the
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peak ambient temperature for each day. The difference between summer and winter peak
condenser pressure is about 6 bars. Among the five consecutive days of summer, June 17,
18 and 19 show the highest peak values of condenser pressure. In winter, Dec 25 shows

the highest peak value of condenser pressure.
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Figure 7-2 Plots of instantaneous solar radiation, ambient temperature, condenser
pressure, weak solution concentration at exit of generator (Xws = Xa) and COP gay
versus time for summer
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Figure 7-3 Plots of instantaneous solar radiation (1), ambient temperature (Tamp),
condenser pressure (Pcond), Weak solution concentration at generator exit (xys) and
COP gay Versus time for winter
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As shown in Table 7-3, the average daily COPgys for representative days of
summer is about 55% of the average daily COPg,y in winter. The maximum average daily
COP was achieved in summer on June 15 and in winter on Dec 21/Dec 23. The
difference between the maximum and minimum average daily COP for representative
days is 0.03 for summer and 0.01 for winter. The average daily COPpigy for
representative  summer nights is about 85% of the average daily COPpigy for
representative winter nights. For the representative winter days, the average daily COP
during the night (COPayg, nignt) is nearly 50% of the average daily COP during daytime, i.e.
during effective sunlight hours (COPayq day). On the other hand, for representative
summer days, the average daily COP during the night (COPayg, night) is nearly 78% of the
average daily COP during effective sunlight hours (COPayg, day).

Table 7-3- Average daily and night COP of HSAR Cycle for representative days of
summer and winter

Day COP avg, day COP ayg, night
Summer  Winter Summer Winter
Jun 15/ Dec 21 0.39 0.68 0.304 0.347
Jun 16/Dec 22 0.37 0.67 0.285 0.337
Jun 17/ Dec 23 0.37 0.68 0.288 0.341
Junl8/ Dec 24 0.36 0.67 0.287 0.336
Jun 19/ Dec 25 0.36 0.67 0.279 0.337
Overall Average 0.370 0.674 0.2886 0.3396

For the given continuous 5 kW cooling load, the hourly energy plots (in MJ) for
the four major components of HSAR cycle (generator, condenser, absorber and

evaporator) during the representative days of summer and winter are shown in Figure 7-4

115



and Figure 7-5, respectively. The required hourly thermal solar energy input to the
generator (Qg) for both summer and winter show an opposite trend to that of the COP and
that the generator has the highest energy values among all components. The generator
hourly solar thermal energy input varies during effective sun hours in compliance with
the variation in solar intensity and ambient temperature. The increase in the generator
energy with the time (between the start of effective sunlight hours till the noon) manifests
itself on the h-x diagram of Figure 3-2 as an increase in the enthalpy difference (hs - hyg)
due to the increase in condenser pressure with the progressive rise in ambient
temperature. The daily average generator energy in summer is 94 MJ compared to the 79
MJ in winter. The energy of the condenser does not show any prominent change because
it depends on the ambient temperature which shows a variation of only 5-6 °C throughout
the day.

The absorber and evaporator operate 24 hours a day and their energy plots show a
similar trend for all the consecutive days of summer and winter. The heat energy of the
absorber drops by about 35/50 MJ in winter/summer during the night as compared to the
day. For representative days of summer, the evaporator cooling energy is 27 MJ (Qe day =
Qrefd + Qcst = 7.5 kWh) during the effective sunlight hours of day and 9 MJ (Qe night =
2.5 kWh) during the nighttime cooling hours. For representative days of winter, the
evaporator cooling energy is 36 MJ (Qe day = Qrerd + Qcst = 10 kWh) during the effective
sunlight hours of day and 9 MJ (Qe nignt = 2.5 kWh) during the nighttime cooling hours.
Since the effective sunlight hours are reduced to 8 hours in winter as compared to the 12
hours in summer, the evaporator cooling energy is increased from 27 MJ in summer to 36

MJ in winter during the effective sunlight hours of the day.
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Figure 7-4 Plot of hourly energy versus time for HSAR components for
representative days of summer
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The required solar collector field area for the given continuous cooling power (5
kW) is determined using the method proposed by Duffie and Beckman [45]. With the
actual hours of the day (from sunrise to sunset) and the instantaneous solar intensity (I)
for both summer and winter, the monthly average hourly solar radiation (I1) for Dhahran
region was obtained [25]. With the assumed collector efficiency of n = 42% (assumption
5) and the obtained monthly average hourly solar energy (It), the monthly average hourly
solar energy gain per unit area of the collector was obtained (g. =n x Ir) for both summer
and winter. Assuming no energy loss between the generator and the collector and using
the computed monthly average required generator hourly solar energy gain (Qg) for
summer and winter the required solar collector field area (Ac = Qg/qc) is obtained for
summer and winter.

Table 7-4 shows the required area of the flat plate solar collector field per kW of
cooling power for different refrigeration cycles for summer and winter in Dhahran.
CSAR cycle is the same as HSAR cycle with the only difference of absence of ammonia
and aqua-ammonia storage tanks in CSAR cycle. Similarly, RSAR cycle is the same as
HSAR cycle with the only difference of absence of a ice (cold) storage tank in RSAR
cycle. The area of solar collector field per kW of cooling power is maximum for CSAR
cycle and minimum for RSAR cycle. This is because CSAR cycle requires the highest
heat input to the generator to suffice the cooling load during the day and to produce the
ice for nighttime refrigeration. On the other hand, RSAR cycle requires the lowest value
of heat input to the generator to accommodate the cooling load during the day and to

produce surplus ammonia for nighttime refrigeration. Thus the required solar collector
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field area for HSAR cycle is less than that of a CSAR cycle but more than that required
for RSAR cycle.

Table 7-4 Required solar collector field area per kW of cooling power for different

cycles
Refrigeration Cycle A, for A for Tevaporator ~ SOlar Collector
Summer Winter (°C) Type
(m?/kW) (m?/kW)
HSAR A.=13.84 A.=15.26 -5 Selective coated
flat plate
A1 =519 A1 =5.04
n=0.42
A, =8.65 A =10.22
CSAR 15.01 15.8 -5 Same as HSAR
RSAR 12.75 14.8 -5 Same as HSAR

The ambient temperature, solar intensity and hence both the available monthly
average hourly solar energy (lt) and the energy gain per unit area (qc =n x It) are less in
winter than in summer. Hence the required solar collector field area (Ac = Qg/qc) per
kilowatt of cooling power is found to be more in winter than in summer as shown in
Table 3. The part of the solar collector field area in HSAR cycle (A1) that is used for
daytime refrigeration (during the effective sunlight hours) only (without storage) is only
37.5% of the total collector field area (A¢) in summer and 33.02% in winter. This shows
that more than 60% of the total solar collector field area is used for the storage purposes

(for nighttime refrigeration) in both summer and winter.

For the given constant 5 kW cooling power during day and night, the conditions

and the density of the substances stored and the size of the storage tanks used in HSAR
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cycle are presented in Table 7-5. Ammonia storage tank (AST) is the smallest in size
(volume) among all the storage tanks because it stores liquid ammonia under high
pressure and hence stores the least masses (97.2kg/120.3kg in summer/winter) compared
to the storage masses of ice (323.7 kg/433.6 kg in summer/winter), weak solution
(502kg/236.6kg in summer/winter) and strong solution (599.2kg/356.9kg in
summer/winter). The higher mass of ice in CST compared to that of ammonia liquid in
AST makes the CST volume almost double in size that of the AST. The mass of ice
required to share the nighttime cooling load is almost three times the mass of ammonia
stored in AST. The ambient temperature is higher in summer and the concentration of the
strong solution formed in the absorber is less as compared to the winter. Therefore, the
mass and volume of WST required for night absorption in the absorber is also more in
summer than in winter. The SST is the largest in size among all the storage tanks.

Table 7-5 Size of storage tanks used in HSAR cycle

NH. mass Size for
Pressure (bar) Temperature n r31tr tion P
Stora (°C) concentration, 3 5 kKW cooling
X (kg/m”)
ge Summer/ Summer/ power
Tank Summer/ Summer/ (mg)
Winter Winter _
Winter Winter Summer/Winter
CST 1.01/1.01 -5/-5 - 917.4/917.4 0.35/0.47
43.86/21.7
AST 17.69/9.34 82/ 0.996/0.996 573.2/607.5 0.17/0.19

WST  17.69/9.34 60/38 0.342/0.458  789.9/825.8 0.63/0.28

SST 3.53/3.53 45/23 0.404/0.543  846.7/811.6 0.70/0.47
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Figure 7-6 shows the instantaneous absorber temperature and agua-ammonia
strong solution concentration at exit of the absorber (i.e., at inlet to generator, Xaps = X3 =
X1 = X1*x = X = Xss) fOr representative days of summer. These plots are for both day and
night as the absorber in HSAR cycle works 24 hours a day. The aqua-ammonia
concentration (Xaps = Xss) at the exit of the absorber depends on the ambient temperature.
Lower ambient temperature implies more absorption inside the absorber and hence higher
concentration for the strong solution formed. Therefore, concentration of agua-ammonia
solution at exit of absorber is generally higher during night than during daytime as shown
in Figure 7-6. The weak solution concentration (Xus, presented in Figure 7-2) shows more
tangible variation during the daytime than the strong solution concentration (Xss) because
the latter depends essentially on the variation of ambient temperature with time which is
less tangible than the variation of generator temperature with time that affects Xs.

For summer representative days, Figure 7-7 shows the variation during daytime of
the generator temperature (weak solution temperature at generator exit, Tgen = T4), mass
of produced ammonia vapor (my) at exit of the dephlegmator and mass of weak aqua-
ammonia solution at exit of generator (m4). The generator temperature depends on the
intensity of solar radiation and ambient temperature (hence it has a similar unsteady
behavior like them and the peak generator temperature can be observed at noon in
Figure 7-7). The mass my depends on the generator temperature and ambient conditions;
as explained before, both Qg and Qi/ms becomes more in hotter days. Moreover,
concentration of the strong solution formed in absorber decreases with ambient
temperature, less absorption takes place inside the absorber and hence more my is

consumed inside the absorber. Therefore, m, increases with ambient temperature from
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June 15 to June 19. Similarly, the mass of produced ammonia vapor (my) increases with
generator temperature (Tgen = T4) and hence it has a similar variation with time as Tgen;
my reaches its maximum almost at noon and then decreases with the decrease in generator

temperature.

122



16 048
June 15 June 16 June 17 June 18 June 19
" N N ’\ Y A
44 ] \/ 047
i f [ [
g2 LA v i A\ 046
1 ) (EY i
1 \ LUNEA [ AEL)
! \ CARER yanaR ~,
;640 ' ; b . : \ \/ \ 045
"
3 O XX o0 g ;
535 PERERYS A 044 X
[ h| “ r il n T o
e N30 R Rl R R A
r\ ; / v SESCANL Tahs
A 1 ¥
* j \ ! ! \ e 043
1 ) ] ] ———
\/‘ \ o i v \ i i Xabs
JI [ iR \ ', 1
34 K : 1 ' o { 042
N (N8 ' \
1 v ] \\ N
3 N Tl N 041
\2 Vs
1Y}
30 04
600 1200 1800 000 600 1200 1800 000 600 1200 1300 000 &00 1200 1%00 000 &00 1200 1%00 0:00

Time (hours)

Figure 7-6 Plots of absorber temperature (Taps) and strong solution (agua-ammonia)
concentration (Xaps) inside absorber for representative days of summer
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Figure 7-7 Generator temperature (T,4), mass of ammonia vapor at exit of
dephlagmator (m;) and mass of weak solution at exit of generator (m,) versus time
for representative days of summer
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7.3 Exergy Analysis

With the rise in condenser/absorber temperature from 35 °C to 45 °C, the values
of generator exergy loss ratio decrease for all the three storage systems as shown in
Figure 7-8. RSAR cycle and HSAR cycle show a similar trend whereas the CSAR cycle
shows a trend similar to that of the basic absorption cycle without any storage tank
(shown in the validation part). The HSAR cycle shows the highest evaporator exergy loss
ratio followed by the CSAR cycle and the RSAR cycle (Figure 7-9). The exergy loss ratio
plots for evaporator show an abrupt change within a narrow temperature range of
generator just after the cut-off temperature [60]. With the further rise in generator
temperature, the evaporator exergy loss ratio decreases gradually. Evaporator shows the
highest values of exergy loss ratio among the chiller components. The peak value of
exergy loss ratio in evaporator ranges between 0.53-0.65 in HSAR cycle, 0.48-0.6 in
CSAR cycle and 0.45-0.58 in RSAR cycle as shown in Figure 7-9.

The absorber exergy loss ratio is maximum for CSAR cycle followed by the
HSAR cycle and the RSAR cycle. The absorber exergy loss ratio increases with the rise
in generator temperature as shown in Figure 7-10 (a). The absorber exergy losses increase
for all the three storage chillers with the increase in condenser/absorber temperature from
35 °C to 45 °C (Figure 7-10(a)). Since Tc=Ta=Tamb+5 °C, the rise in condenser/absorber
temperature increases the difference between the exergy at absorber inlet and the exergy
at absorber outlet which leads to the increase in absorber exergy losses. The condenser
exergy loss ratio increases sharply following the cut-off temperature [26], reaches the
peak point and then decreases with the decrease in generator temperature. Condenser has
low exergy losses (1% - 2% of the total exergy losses of the chiller) for all the three

storage systems. The condenser exergy losses also increase with the rise in
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condenser/absorber temperature (Figure 7-10(b)). The peak value of condenser exergy
loss ratio in RSAR cycle is about 14.28% more the exergy loss ratio in HSAR cycle and
16.66% more the exergy loss ratio in CSAR cycle.

The exergy losses in solution heat exchanger (SHX) are 15% - 30 % of the total
exergy losses in all the three storage cycles. The SHX exergy losses for CSAR cycle are
maximum near the cut-off temperature [60] but at high generator temperatures, the
exergy losses for CSAR cycle become minimum among the three storage systems. Since
the difference between the net inlet exergy and the net outlet exergy decreases with the
rise in generator temperature, the exergy loss ratio in SHX also decreases
(Figure 7-11(a)). The RHX peak exergy losses are about 1.1% - 1.25% of the total exergy
losses in CSAR cycle, 0.78% - 0.98% in HSAR cycle and 0.63% - 0.8% in RSAR cycle

(Figure 7-11(b)).
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Figure 7-9 Evaporator exergy loss ratio versus generator temperature at different
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temperature at different condenser temperatures

127



The pump exergy losses are lowest (0.06% of the total exergy losses) among the
components in all the three storage chillers (Figure 7-12). At high generator temperatures
(>165 °C), the difference in pump exergy loss ratio becomes negligible for various

condenser/absorber temperatures (35 °C, 40 °C, 45 °C).

RSAR cycle has the lowest values of total exergy loss ratio among the three
storage systems. The total exergy loss ratio is highest in HSAR cycle at generator
temperature 20-30 °C above the cut-off temperature [60]. At higher generator
temperatures (beyond 20-30 °C above the cut-off temperature), the total exergy loss ratio
becomes maximum for CSAR cycle. At Tc=Ta=45 °C and Tgen = 120 °C (assumption 3),
the total exergy loss ratio in HSAR cycle is 20.4% and in CSAR cycle is 15.21% more

than the total exergy loss ratio in RSAR cycle.
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7.4 Exergo-Economic Evaluation

Exergo-economic analysis for HSAR cycle is performed using the exergo-
economic variables. The objective function of the exergo-economic evaluation is to
determine the components with high costs associated to irreversibilities (exergy
destruction and exergy loss). The costs associated with irreversibilities are wasted
without any additional gain in system’s performance. These costs can be reduced to
increase the performance of the system but usually at the expense of Capital Investment.
So a tradeoff needs to be made between the costs of irreversibilities and the costs
associated to the Capital Investment to achieve the optimal cost and performance of

HSAR cycle.

The cost rate of capital investment (Z) for flat plate solar collectors is very high as
compared to any of the components of HSAR cycle as shown in Figure 7-14. Among the
chiller components, absorber has the maximum cost rate of capital investment and is
almost the double of the cost rate of condenser. The cost rate of generator and evaporator
is around 60%-65% of the cost rate of absorber. Refrigerant heat exchanger and the pump

have the least values of cost rates in HSAR cycle.
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Since the generator has high entropy generation due to the heat transferred by
solar collectors, it has the highest value of exergy destruction ratio among the
components of HSAR cycle as shown in Table 7-6. The exergy destruction ratio in
solution heat exchanger (SHX) and evaporator assembly is almost half to that of the
generator. The exergy loss ratio is zero in all the components except for evaporator
assembly since the evaporator assembly includes the absorber and condenser units which
dissipate heat directly to the environment. Both pump and the RHX have very low
percentage of exergy destruction ratio.

The exergetic efficiency for each component of HSAR cycle is shown in
Table 7-6. Pump has the highest exergetic efficiency equal to 86.66%. The exergetic
efficiency of the generator is 68.76% which can be further improved by modifying the
generator design provided the net capital investment is not substantially affected. A
relatively low exergetic efficiency of the evaporator assembly is due to the exergy losses
in condenser and absorber and the exergy destruction in evaporator. Solution Heat
Exchanger (SHX) has the lowest exergetic efficiency among the system components
(10%) due to high value of exergy rate of the fuel compared to exergy rate of the product.

Table 7-7 shows the sum of cost rates for exergy destruction, exergy loss and
capital investment (Cp + C, +Z) of HSAR cycle components. C, +C, +Z is an
important exergo-economic variable used to identify the components which contribute a
large percentage of the total system cost. The variable Cp, + C, + Z has a maximum
value for evaporator assembly among all the system components. Exergo-economic
factor (f) equal to 61.4% for evaporator assembly (shown in Table 7-7) indicates that the

cost of evaporator assembly is predominantly shared by the initial capital investment.
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This indicates that the cost due to exergy destruction and exergy losses in evaporator
assembly is relatively less compared to the cost of capital investment. Hence the design
of the evaporator assembly should to be modified to reduce the initial capital investment

even at the cost of exergy destruction and exergy losses.

Solution heat exchanger (SHX) has the second largest value of variable Cp, +
C, + Z. A low percentage (15.95%) of exergo-economic factor (f) indicates that the large
proportion of the cost of SHX is shared by the cost of exergy destruction than by the cost
of initial capital investment. Hence the exergy destruction must be reduced in SHX even
at the expense of initial capital investment. The improvement in design for any heat
exchanger increases its cost but this increase in cost (capital investment) is acceptable for
SHX due to low percentage of exergo-economic factor.

Solution heat exchanger (SHX) is followed by the generator in high value of
variable C, + C;, + Z. Exergo-economic factor equal to 55.43% for generator suggests
slightly more cost contributed by the capital investment compared to the cost contributed
by exergy destruction. Thus the capital investment of generator may be reduced at the
expense of the cost of exergy destruction. Both refrigerant heat exchanger (RHX) and the
pump possess the lowest values of variable Cp + C;, + Z and highest values of exergo-
economic factor among the system components.

The relative cost difference (r) value is maximum for evaporator assembly
(133.89%) as shown in Table 7-7. This suggests that the average cost of product (cp)
should be reduced which ultimately decreases the relative cost difference. The average
cost of the product, which is the objective function of the exergo-economic evaluation,

depends on the heat capacity and the temperature of the evaporator. Since generator also
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has a high percentage (66%) of relative cost difference, the cost of product should be
reduced. Refrigerant heat exchanger (RHX), solution heat exchanger (SHX) and the
pump have relatively low percentage of relative cost difference.

Table 7-6 Exergy analysis results for HSAR cycle

Components  Xg Xp X, X, yp (%) ; %) Y (%) &(%)
(kw) (kW) (kW) (kw) ’

Generator 3.81 2.62 0 1.19 28.60 46.85 0 68.76

Evaporator 2.36 1.23 039 0.74 17.78  29.13 937 5211
Assembly

RHX 0.038 0.016 0 0.022 0.52 0.86 0 42.10
SHX 0.67 0.067 0 0.60 14.42 23.62 0 10
Pump 0.030  0.026 0 00043 0.10 0.16 0 86.66
Overall 4.16 1.23 0.39 2.54 61.05 100 9.37 29.56
System
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Table 7-7 Exergo-economic variables of HSAR cycle

Components cp cp C, Cp Z Cp+C+Z f(%) 1 %)

($/GJ) ($/GJ)  (Slyr)  ($lyr)  ($lyr) ($/yr)

Evaporator

9.56 2236 2034 1859  620.3 1009.6 61.4 133.89
assembly
SHX 108.6  110.9 0 3969  75.37 472.27 15.95 211
Overall

16.13 1843 1321 1626  1592.2 3350.3 47.52 14.25
System
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The cut-off temperature [60] (minimum generator temperature needed to separate
ammonia from aqua-ammonia binary mixture) is shifted to higher temperatures with the
rise of condenser temperature as shown in Figure 7-15. As the condenser temperature is
increased from 28 °C to 40 °C, the peak exergetic efficiency of the overall system drops
from 72% to 34% as shown in Figure 7-15. Figure 7-16 shows the variation of the overall
exergetic efficiency with the evaporator temperature at different condenser temperatures.
Since HSAR cycle is only designed for refrigeration (not for air-conditioning), the range
of evaporator temperature was selected from 0 °C to -40 °C (shown in Figure 7-16). Low
temperature evaporator cooling can be achieved at low condenser temperature with better
overall system performance compared to that achieved at high condenser temperature as
shown in Figure 7-16. At Teong = 28 °C and Tevap = -25 °C, the peak exergetic efficiency
achieved is 45% while at Tcong = 40 °C and Tevap = -10 °C, the peak exergetic efficiency
achieved is 32%. The peak exergetic efficiency of the overall system is improved from
48% to 72% as the effectiveness value of solution heat exchanger (SHX) increases from

0.2 to 0.8 as shown in Figure 7-17.

For 0.4% design conditions of Dhahran, the plots of total cost rate (Cp, + C; + 2)
and the cost of the product of overall system (cp,0s) is shown in Figure 7-18. The cost of
the product of overall system achieves a minimum value at Tgen = 76 °C whereas the total
cost rate of the overall system shows a minimum value at Tge, = 84 °C. Therefore, the
minimum cost of the product which is the objective function of the exergo-economic
optimization, can be achieved by maintaining the generator temperature in the range 75

°C — 85 °C for assumed operating conditions (assumption 6, 7) for Dhahran region.

137



A quasi-steady exergy and exergo-economic analysis were performed for a
representative summer day (as this day received maximum solar radiation) of Dhahran
region using the temperature and solar radiation data from Research Institute, KFUPM.
Both exergetic efficiency and the exergo-economic factor decrease with the increase of
ambient temperature and the solar intensity as shown in Figure 7-19. Since the cost of
irreversibilities is less due to low exergy losses/exergy destruction in the
morning/evening, the exergo-economic factor and the exergetic efficiency is relatively
high compared to that in the noon. The exergetic efficiency is dropped from 35% in
morning to 27 % in the noon time and the exergo-economic factor decreases from 76% in

morning to 35% in the noon time.
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Figure 7-15 Exergetic efficiency of overall system versus generator temperature at
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Figure 7-16 Exergetic efficiency of overall system versus evaporator temperature at
different condenser temperatures

139



100

Tamb = 44.2 °C, Teyap = -5 °C, Tcond = Taps = 28 °C

907
807
707
607
507

€os (%)

40
30

20
10

60 70 80 90 100 110 120 130 140 150
Tgen (OC)

Figure 7-17 Exergetic efficiency of overall system versus generator temperature at

Cp + CL + Z ($Iyr)

different effectiveness values of solution heat exchanger (SHX)

70— 19.2
Tamb = 44.2 °C, Teyap = -5 °C, Teong = Taps = 28 °C
4000 19
3800 188 ~
O
~~
&
3
3600 186 2
(&)
3400 18.4
00 e e e 82
70 80 90 100 110 120 130 140 150
Tgen (OC)
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CHAPTER 8

VALIDATION

8.1 Unsteady analysis

The unsteady software of HSAR cycle is validated against an available steady-
state software [1] by feeding the unsteady software with hourly ambient temperatures,
solar intensity, etc that are non-variable with time (average values) for same given input
data and 5 kW cooling power for both summer and winter. Exactly, the same results were
obtained from the two programs for generator heat rate, condenser heat rate, absorber
heat rate and COP. The reverse was also done and the unsteady software was fed with the
variable data with time and values of the obtained results for the COP and the heat rates
of the system components (from unsteady analysis for the same 5 kW cooling power)
were averaged for representative days of summer and winter and presented in Table 8-1.
In Table 8-1, the corresponding results obtained from the steady-state software that was
fed with the average ambient conditions for the representative days of both summer and
winter are also presented and compared. The maximum percentage difference between

the steady and unsteady model results was 3.67% for the absorber heat rate in winter.
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Table 8-1 Comparison between unsteady and steady software results of HSAR Cycle
for same given input non-variable with time (average values) data and 5 kW cooling
power

Unsteady Model  Steady State Model Percentage difference

) ) (%) Summer/ Winter
Summer/ Winter Summer/ Winter

Generator heat rate, 26.11/21.94 25.90/21.97 0.80/0.13
kW

Condenser heat 15.92/16.11 15.65/15.94 1.69/1.05
rate, KW

Absorber heat rate, 16.66 /13.88 16.45/13.37 1.26/3.67
kW

COP 0.38/0.683 0.39/0.682 2.56/0.14

The basic solar absorption chiller model (without storage tank) was also validated
against the experimental results of a diffusion absorption cooling machine (DACM # 3)
[46]. The following fixed/steady input parameters were used in the experimental setup of
Jakob and Eicker [46]: evaporator cooling capacity = 0.7 kW, generator inlet temperature
= 105 °C, evaporator cold brine infout = 12/6 °C, condenser in/out = 31/34 °C and
absorber in/out = 31/34 °C. As the input parameters were fixed/steady throughout the
time period of the experiments, the heating/cooling capacities of the chiller components
were also steady / fixed over the same time interval of the experiments. Therefore, a
single (fixed/steady) value of heating/cooling capacities for each component of the
DACM chiller was used for validation of the steady-state model of basic solar absorption
chiller model (without any storage tank). The comparison shows the maximum

percentage difference of 8.3 % in the generator heat capacity (Table 8-2).
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Table 8-2 Comparison of heat capacities and COP between basic solar absorption
chiller model (without storage tank) and a DACM chiller # 3 [46]

Parameters Present Model, DACM Percentage
Basic Solar Chiller #3 Difference
Absorption of Jakob (%)
Chiller &
Eicker[21]
Generator power (Qgen), kKW 3.3 3.6 8.3
Absorber power (Qabs), kW 2.1 2.0 4.7
Condenser power (Qcon), kW 1.5 1.4 6.6
Dephlegmator power (Qdeph), kW 0.39 0.4 2.5
COP 0.21 0.21 0

The unsteady analysis of a basic solar absorption refrigeration cycle (without any
storage tank) was also validated against the experimental work of Jakob and Eicker [54]
on a solar powered diffusion absorption cooling machine (DACM chiller # 1) under the
Stuttgart (Germany) ambient conditions (Figure 8-1). The input data for the present basic
solar absorption chiller model are: evaporator cooling load = 1.3 kW, generator
temperature = 150-170 °C, absorber/condenser temperatures = 45 °C, evaporator
temperature = 5 °C. In Figure 8-1, Qgen, Qabs, Qcon and COP are the generator, absorber
and condenser thermal powers and the COP of the basic solar absorption chiller (without
any storage tank). The heating capacities and the COP of the absorption chiller were
plotted against time for 4 continuous hours (240-480 mins) [54]. The plots of heating
capacities and COP with time show a similar trend for both the chillers and the plots of

condenser heat capacity (Qcon) are superimposed at time = 300, 360 and 420 minutes.

144



The maximum percentage difference (9.16 %) was observed for generator heat capacity

(Qgen, Qgen*) at time = 420 minutes.

The unsteady analysis of basic solar absorption chiller model (without storage tanks)
was also validated using the experimental results of Zetzsche et al. [55] as shown in
Figure 8-2. The experimental setup [55] also includes an ice storage tank which was only
charged when the normal operation of the chiller cycle was not needed. (e.g. on
weekends) [55]. The basic solar absorption chiller model was validated using the same
ambient conditions as in the experiments of [55]. Moreover, same time varying data as
given in [55], such as the solar radiation (I1**), ambient temperature (Tamb**), generator
temperature (Tgen**) and generator heat flux/heat capacity (Qgen**) over the period of 8
hours (10 AM-6 PM), were used as input parameters. The plot of evaporator cooling
capacity (Qevap) with time was obtained as an output in the simulation model of basic
solar absorption chiller. The plot of evaporator cooling capacity of a chiller model
(Qevap) is almost superimposed over the plot of the cooling capacity of experimental
setup (Qevap**) with the maximum percentage difference of 6.25 % as shown in

Figure 8-2.
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Figure 8-1 Plots of heating capacity and COP for basic solar absorption chiller
model (without storage tanks) and a DACM chiller#1 (experimental setup) [54], the
quantities with superscript * are from the results of Jakob and Eicker, 2002
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Figure 8-2 Plots of solar radiation, temperatures and heat fluxes for basic solar
absorption chiller model (without storage tanks) and a small scale absorption chiller
(experimental setup) [55], the quantities with superscript ** are obtained from
Zetzsche et al. 2008
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Figure 8-3 shows the comparison of the generator temperature and the generator heat
flux/heat capacity between the basic solar absorption chiller model (without any storage
tank) and the experimental setup of absorption chiller [55]. The solar intensity (1**) and
the ambient temperature (Tamb**) were used as an input data [55] to obtain the plots of
generator temperature (Tgen) and generator heat capacity (Qgen) with time. Tgen was
determined using assumption 4 and equation (b) in section 4 and thus it shows some
variation with Tgen** but the overall trend of the two plots is the same. Qgen also shows
a similar trend as Qgen**. Once the unsteady analysis of the basic solar absorption cycle
(without storage tanks) was validated, this cycle was extended with the addition of dual

storage system to accommodate a continuous 24-hour refrigeration.
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Figure 8-3 Plots of solar radiation, temperatures and heat fluxes for basic solar
absorption chiller model (without storage tanks) and a small scale absorption chiller
(experimental setup) [55], the quantities with superscript ** are from the results of
Zetzsche et al. 2008
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8.2 Energy and exergy analysis

The energy and exergy analysis of the basic solar absorption refrigeration (HSAR
(without any storage tank)) cycle is validated using the comparative study of
irreversibilities in an aqua-ammonia absorption refrigeration system conducted by Ataer
and Gogus (1990) [21]. The validation of HSAR cycle was conducted using the same

conditions as were used by Ataer and Gogus in their analysis:

Generator temperature (T4) = 50 — 130 °C; Evaporator temperature (T¢) = -20 — 10
°C; Condenser temperature (T;) = 22 — 28 °C; Absorber temperature (T;) = 24 — 30 °C;

refrigeration capacity = 1 kW.

The plots of coefficient of performance (COP) and exergetic coefficient of
performance (ECOP) of HSAR cycle show a good compromise with the plots of aqua-
ammonia absorption refrigeration system proposed by Ataer and Gogus (1990) (shown in
Figure 8-4) [21]. The absorption chiller model analyzed by Ataer and Gogus [21] does
not include any storage tank, therefore, it is an appropriate model for comparison with the
HSAR cycle. The maximum percentage difference in COP is 1.63% at Tge, = 130 °C, in
ECOP is 2.43 % at Tgen = 80 °C, I Y evap 1S 6.45% at Tgen = 80 °C, in Y aps IS 4.61% at
Tgen = 90 °C, in Y gen IS 6.36% at Tgen = 100 °C and in Y shx is 10% at Tgen = 90 °C .
Once the BSAR model was validated, it was extended (using the storage tanks) as a

hybrid storage absorption refrigeration (HSAR) model.
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CHAPTER9

CONCLUSIONS AND RECOMMENDATIONS

The novel HSAR cycle was developed specifically for Dhahran region for
average ambient conditions. Chapter 3 concludes that size of the storage tanks is reduced
by 50% as compared to the refrigerant storage system and the cold storage system for
same cooling capacity. Such a notable reduction in the size of storage tanks makes a
system less bulky than the refrigerant storage system and saves the capital investment

used to manufacture these storage tanks.

The unsteady analysis of HSAR cycle in chapter 4 shows the transient behavior of
HSAR cycle for every one hour interval throughout the day. Due to lower ambient and
hence cooling water temperatures in winter than summer the condenser pressure is
reduced by 6 bars, which suggests less pump work is required in winter than in summer.
For the given fixed 9 MJ cooling energy of evaporator during the nighttime, the heat
energy values of HSAR components are also reduced in winter as compared to the
summer.  Despite the higher solar intensity in summer than in winter and the more
effective sunlight hours during the day in summer than in winter, the following major
results have been found for the given 24-hour a day fixed cooling load (of 5 kW) in both
winter and summer. HSAR cycle has a better COP .y as well as COPyignt in winter than in
summer and the required solar collector field area per kilowatt of cooling capacity is
more in winter (9.3%) than that required in summer. The part of solar collector field area
used in storage is more (40% / 50% in summer / winter) than the part of it used in

refrigeration.
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In chapter 5, based on the comparison of energy and exergy analysis between the
HSAR cycle and the HSAR cycle, the following can be concluded: the COP and
circulation ratio of the HSAR cycle is the same as the HSAR cycle under all operating
conditions; HSAR cycle has more exergy losses in all the components as compared to the
exergy losses of the respective components in HSAR cycle; the difference in exergy
losses between the HSAR cycle and the HSAR cycle is negligible near to the cut-off
temperature; the evaporator has the maximum exergy losses (60% - 70% of the total
exergy losses of HSAR cycle) followed by the generator and absorber exergy losses;
since the HSAR cycle has more exergy losses (predominantly due to evaporator exergy
losses) than HSAR cycle, the ECOP of HSAR cycle is less than the ECOP of the HSAR
cycle; decreasing the evaporator temperature and increasing the condenser temperature
increases the exergy losses of the evaporator. The evaporator temperature, condenser
temperature and the generator temperature in HSAR cycle should be optimized to lower
the exergy losses of the evaporator and other components which may bring the ECOP of
the HSAR cycle closer to the ECOP of the HSAR cycle. The exergo-economic evaluation
of HSAR cycle concludes that the pump and generator show the highest exergetic
efficiencies among the system components. Low temperature cooling effect can be
achieved at reduced condenser temperature with better system performance in HSAR
cycle. The exergetic efficiency in HSAR cycle increases with the increase in
effectiveness value of solution heat exchanger (SHX). Since the pump, RHX and
evaporator assembly have high cost due to capital investment compared to the cost due to
irreversibilities, the initial capital investment of these components should be reduced

even at the expense of the costs of irreversibilities. Based on the quasi-steady
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exergy/exergo-economic analysis of HSAR cycle, the exergetic efficiency and the
exergo-economic factor reduce in the noon time as compared to that in the
morning/evening. To make the system cost effective, the overall cost of the product must

be reduced by optimizing the design variables of the system.
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