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THESIS ABSTRACT

Name: Ali Muhammed Ali Al-Shurafa

Title: Investigations on the Influence of Disk Location and Unbalance on Fluid
Induced Vibrations of a Shaft-Disk-Bearing System
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Date: May 2004

Rotors mounted on fluid film bearings are suspected to experience fluid induced
instabilities generating severe vibration problems. Fluid film bearings greatly contribute in the
dynamic characteristics of these systems. Oil whirl and whip being the major examples of the
fluid induced instabilities, they possess distinct and damaging symptoms (large forward circular
precession with subsynchronous frequency).

In this thesis, the influence of rotor length, disk axial location and the disk unbalance on
the fluid induced vibrations of a shaft-disk-bearing system is studied. Experiments on a rotor kit
and numerical computations are carried out on the same setup. Shaft vibration data is collected
and analyzed using standard instrumentations and computer software. This data is exported to
spread sheet for further processing and extracting more results. In the numerical computations, a
finite element software is used for mathematically modeling of the shaft, disk and bearings. The
software has produced stiffness and damping maps for the bearings, the Campbell diagrams for
the system and other plots used in the stability analysis.

Results indicate a clear increasing effect of the disk location on the stability threshold and
instability frequency. The instability frequency of whip is affected clearly by the disk location.
The disk location is the strongest factor among the three. The effect of shaft length is to decrease
both threshold and the instability frequency. The shaft length and disk location do not have any
noticeable effect on the instability amplitude. Although mass unbalance produces 1X order
frequency vibration, this vibration influences the oil instability whose frequency is slightly less
than 0.5X order. Explanation is found from the shaft average eccentricity ratio vector plots. The
unbalance effect on the threshold is dependant on the disk location.

The shaft average eccentricity ratio plot shows that the system demands more
conservative conditions to stabilize, after it gets into instability. The threshold order is not
consistent in many cases. The relation between the rotor speed and instability is found to be
linear despite of the ramp (startup or shutdown) in the transient conditions for the whirl
instability.
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Nomenclature

e: Eccentricity

h: Fluid film thickness

[: Shaft length

[": disk axial location

m: Mass

m,: Unbalance mass

r: Radial direction or radius of m,
t: Tangential direction

t: Time

x: Horizontal direction or displacement
y: Vertical coordinate

z: Axial coordinate or location

C: Clearance (radial)

CDS: Complex dynamic stiffness
D(n)x: Vibration displacement in the x-direction of station n
D: Damping

D: Diameter (of bearing or shaft)
F: Force

Fra: Maximum spectral frequency
H: Film thickness ratio

K: Stiffness

L: Length (of journal)

M: Mass (of rotor)

N: Shaft speed

P: Pressure (of lubricant fluid film)
R: Radius (of journal or bearing)

S: Sommerfeld Number

V: Velocity

W: Weight (on the journal)

X: Vibration frequency order

a: Velocity angle

¢: Shaft average eccentricity ratio

@: Film thickness angle

A: shaft average circumferential velocity ratio
u: O1l viscosity

p: Lubricant density

o: Modified Sommerfeld Number

7: Sheer stress

¢: Journal attitude angle

w: Frequency (natural or excitation)
£: Shaft speed

xi



CHAPTER 1

INTRODUCTION

1.1  Background

This thesis is a study on Fluid Induced Instabilities which are damaging
problems faced in large rotating machinery mounted on fluid film bearings, e.g.,
production turbines and compressors. The vibration of these problems is a
substantial concern for industry because it limits the safe and efficient equipment
operation. Fluid Induced Vibrations are self excited and include variant categories
like: Oil Whirl, Oil Whip, Subsynchronous Resonance, Stall and others [1-5]. All
these problems have common symptoms. Figures 1 below categorizes the

instabilities based on the location in the machine itself.

Fluid Instabilities
(Based on the Location)

I
I 1

Seal Instabilites jl Bearing Instabilities i 1 Blade Tip Instabilities ]

I I
[ ] [ 1

[Axial Bearing Instabilities | [Radial Bearing |nstabilities} 17 Turbine | | Compressor

Figure I-1 Instability based on location

In this chapter, thesis objectives and approach are highlighted and a

literature review is given.

1.2  Objectives and Approach

This research concentrates on the most important case of the fluid induced
instability: the vibrations generated in the radial fluid film bearings (Figure 1-1).

The main goal of this research is to study the changes of vibration signature of a



shaft-disk-bearing system under different conditions of the disk axial location, shaft

length and disk mass unbalance.

The approach to meet these objectives is through experimental and

computational work. Hence, the report is arranged as follows:

¢ Conducting a series of experiments to acquire real
vibration data of a rotor kit under the instability conditions.
This data covered both steady-state and transient conditions.
The data is processed and then analyzed using a standard
software, and then is exported to spread sheets for further

processing and analysis.

e Application of the existing analytical or numerical
solutions to estimate the system’s parameters to be studied in
this work. The output of this part covers stiffness, damping
and natural frequencies. The Threshold of Instability and the
instability vibration amplitude will be studied as a result of the

changes.

e Compiling and comparing the results found from
different arrangements and deducing some concrete

conclusions.

1.3 Literature Review

Though the problem of fluid induced instability was discovered before the
1950's, it remained of a great interest due to the industrial nature of this problem.
Some progress in understanding and modeling the problem was found after the
improvement in computers, vibration measuring instrumentation and analysis

software, which were not well developed in those days.



In 1974, Lund published a paper proposing a model for flexible rotor
instability [6] based on earlier papers by him and others [7,8]. The published works
agreed on describing the fluid induced vibration problems as self-excited type of
vibration. There is, however, a disagreement among the researchers and authors in
explaining and relating relationships between rubbing, poorly lubricated bearings,
insufficient preload and whirl/whip, due to the large number of factors affecting the
dynamics of the fluid induced instabilities [1]. Usually oil whirl and oil whip are
referred to as main examples of fluid induced instability. However, Elshman

differentiated between these two instabilities and other types [9].

Modeling of bearing mechanical properties were investigated in a series of
publications and books, which attempt to explain the transient rotor response with

respect to the fluid film bearing properties [10-13].

The diagnostic symptoms of the oil whir/whip vibrations are given in [14]

and can be summarized as:

1) High amplitudes, reaching to machine’s danger limits.
2) Subsynchronous frequency, noticed in the frequency spectrum.
3) Circular or nearly circular orbits.

4) Forward precession, noticed in the full spectrum plots.

The actual value of the high amplitude generated by whirl/whip problems is
dependent on the machine design and dimensions. Computational Systems Inc.
(CSI) and Bently Nevada [15,16] recommend that the maximum allowable
vibration amplitude of subsynchronous vibration is to be set less than the
synchronous maximum allowable vibration amplitudes. A subsynchronous
frequency, w, is the one whose value is less than the value of the shaft running

frequency , Q, 1.e., Q >w.



Many authors, especially associated with Bently Nevada Research Center,
state that the order of vibration (vibration frequency to the shaft speed frequency
ratio) is dependent heavily on the fluid circumferential velocity ratio [1,2,14,17]
which is usually less than 0.5. According to the reference [18], the second symptom
can be relaxed and oil instability may exist at a frequency even higher than the shaft

speed.

Forward precession is an orbiting of the shaft about a center point, in the
same direction of the shaft normal rotation. This symptom distinguishes oil

instability from some common rubbing problems [4,5,14,18].

Though the fluid induced instabilities can be recognized in the steady-state
conditions, the symptoms addressed above can be easily noticed from the transient
condition plots (start up or shutdown). This is why most references use cascade

plot in their presentation and discussion.

The factors affecting oil instability and their solutions drew interest in
research and industrial community. Some of these solutions are highlighted in
Chapter 2. Many of these solutions are not practical or have limitations. For
example, a solution applied on bearing instability may not work for the seal fluid
instability, e.g. seals cannot be grooved. Bearing factors such as clearance and anti-
swirl were studied in [17-22]. Perturbation force technique was used in some works
[23-25]. Muszynska interpreted phase angle changes of some instability problems

as changes in modes of the instability vibration [26].

Complex Dynamic Stiffness (CDS) is relatively a new concept in rotor
dynamics. Extension of the applications of the CDS was developed by Bently
Nevada Rotor Dynamics Research Center [1,14,27]. Numerous works related to
this subject were written by A. Muszynska and D. E. Bently. The CDS allowed a

better understanding of rotor dynamics in general and fluid induced vibrations in



particular. However, treating the instability problems using the CDS is not widcly

used.

It is noticed that the effects of the mass unbalance, shaft length and the disk
location along the shaft on the instability have not been given enough attention in
the literature. There are no clear conclusions of these parameters on the stability
threshold or instability amplitude. Understanding these factors and their effects is
expected to be beneficial to both design and analysis sides of the instability
problems. Therefore this research is undertaken to study these factors as related to

fluid induced vibration problems in rotating machinery.



CHAPTER 2

BACKGROUND ON FLUID INDUCED INSTABILITIES

2.1 Introduction

The objective of this chapter is to establish the basis for the experimental
and theoretical work for dynamics of a shaft-disk-bearing system. Hence, the
rotordynamics basics for the system under consideration is presented. Then, the
vibration caused by the instability of oil whirl and whip is explored. The last part of

this chapter explains the facts behind approaches of the instability cures.

2.2 Rotor-bearing modeling

Fluid induced vibrations are heavily related to the natural frequencies of
rotor systems. For a simple spring-mass-damper system (Figure 2-1), the

characteristic equation and natural frequency are given as follows:

mx+cx+kx= f()
k

w=.|<
” 2-2)

2-1)

where m is the mass, c is the damping, & is the stiffness and x,x and x are the

acceleration, velocity and displacement, respectively and @ is the natural

frequency, which is constant, in this simple model.



f(t)

NN N N NN\

Figure 2-1 Mass-spring-damper system

Researchers developed simplified models for shaft-disk bearing systems
like the one in Figure 2-2, where K, is the bearing stiffness and Q is the shaft
speed. If an actual rotor is modeled, more complicated formulas and calculations
are involved. The analysis of a rotor-bearing system, in addition to the rotor setup,
depends greatly on the bearing details (type, dimensions, loading etc). Fluid film
bearings, by softening the system, will reduce the natural frequency of the system
and they also force the natural frequency to be speed dependent. The accurate
modeling of the system is not an easy task especially if the rotor is mounted on

fluid film bearings.

Figure 2-3 is a natural frequency map drawn for a real case rotor. Notice
that because the fluid film bearing has a varying nature based on the operating
conditions (e.g., load and shaft speed), the entire system will have a varying natural

frequency map as well.



Figure 2-2 Simplified shaft-disk-bearing system
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Figure 2-3 Frequency interference chart (Campbell)

In modeling an actual rotor, the bearings are considered as springs with
variable stiffness. Figure 2-2 illustrates this idea if only the vertical stiffness K|, is
considered. As will be seen in the theoretical part, the fluid film bearing is modeled
with four stiffness components, which is widely accepted as a reasonable
approximation. A direct reflection of bearing stiffness and damping propertics is

expected on the fluid induced vibrations.



2.3 Unbalance Force

When an amount of mass, m,, is mounted at a distance, », from the center of
rotation of a rotating disk, it produces a radial synchronous force, . The magnitude

of the force is a function of the rotational speed according to the following formula:

F=m,rQ? (2-3)

where €2 is the rotational speed. This force induces a whirling action pushing the

shaft journal to move away from the bearing center.

Though the unbalance force produces a synchronous vibration, it has been
noticed that it also affects the subsynchronous vibration due to the fluid induced
instability. This will be shown in the experimental part. The reason behind the
mentioned effect is that the unbalance forces affect the dynamic properties of the
fluid film bearing by changing loading and eccentricity. An important case is when
the unbalance force excites the system's response at the critical speed. In this
instance, the journal will move with a larger eccentricity in the bearing increasing

the bearing load dynamically.

Consider the rotor illustrated in Figure 2-4. The response due to the
unbalance force will not only depend on the unbalance mass, m,, but it also
depends on the rotor mass, M. The balancing standard ISO 1940-1 [28] provides
details on this subject and some calculations on this subject are presented in

Chapter 3.
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Figure 2-4 Unbalanced rotor

2.4  Nonlinearity

A major complexity faced in analyzing the oil whirl and whip problems is
the nonlinearity of the dynamic properties of the system. Most of the nonlinearities

in the oil whirl and whip vibrations come from the fluid film bearing.

In a linear system, the output response is directly proportional to the input
excitation (as in Figure 2-1). For instance, the response displacement of the mass
location in the simple mass-spring damper system is directly proportional to the
magnitude of the applied force. Unbalance response in the absence of the fluid
induced vibrations can be considered linear unlike a rotating system running under

fluid induced vibrations [7,22,25].

To simulate the nonlinear fluid film bearing response, Figure 2-5 is
provided. The mass M resembles the rotor mass and the mass location is the
position of the journal inside the bearing clearance circle while the springs
resemble the fluid film stiffness. When the mass moves to the left under a known
force, the response could be predicted and its prediction is valid throughout the
entire stroke, because x-displacement is dependent on x. However, if the same force

is applied to the right, the system displacement response will be nonlinear because



it is dependent not only on the applied force but also on the location (which is the
system response). In other words, the response depends on the force magnitude and
direction, and these will result in deciding which springs will be compressed. A

similar interpretation is valid for velocity response and the damping.

The simple model illustrated in Figure 2-5 is analogous to the scenario of
the stiffness of the fluid film bearings (Figure 2-6). Shaft eccentricity 1s measured
using shaft location inside the bearing. Shaft’s eccentricity depends on the
clearance between the shaft and the bearing. This is discussed later as an important

parameter in rotordynamics and controlling the oil whirl and whip instabilities.
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Figure 2-5 Model for a nonlinear system



Figure 2-6 Explanation of nonlinearity of fluid film

2.5 Complex Dynamic Stiffness

From traditional theory of rotor dynamics, the whole machine stiffness is
contributed by the shaft and bearing spring stiffnesses. And theoretically speaking,
the amplification of the response at resonance will reach infinity because there are

no resisting forces (stiffness) to absorb the excitation.

The CDS gives a deeper understanding of the rotor dynamics compared to
the description given by the traditional stiffness. The CDS theory introduces the
damping as a contributor to the system stiffness, which explains the ability of the

system to withstand (to an extent) the vibration at resonance [2,3].

The core concept states that the total stiffness of a rotor is composed of two
parts: real and imaginary. It is described as dynamic because its value is speed
dependant. Thus, the rotor vibration can be defined as the system response due to

the resultant forces applied on the system's CDS as given in Equation (2-4).



Input Force
CDS

Rotor Response = (2-4)

where CDS =Kp + Kp (2-5)

and where Kp and K are called the direct and quadrature stiffnesses and are given
as

Kp=K-Maw’ + K (2-6)

and

Ko= jla(D. + D)~ D). (2-7)

In Equations (2-6) and (2-7) K is the system stiffness away from the bearing, M is
the rotor mass, @ is the perturbation frequency, Kz is the bearing stiffness, D; is

the shaft damping, D is the bearing damping, A is the fluid average
circumferential velocity ratio and j =v—-1 [2].

The oil whirl and oil whip arise when both direct and quadrature stiffnesses
reduce to zero. Kp is very much dependent on the geometry of the fluid film

bearing and the existence of external forces like preload or unbalance.



2.6 Fluid Average Circumferential
Velocity Ratio

The average circumferential velocity ratio (ACVR), 4, is a crucial parameter
in controlling the rotor whirl/whip stability. It describes the complex motion of the
lubricant through the annular area of the bearing clearance. This section will
demonstrate its physical and mathematical significance on the fluid induced

vibrations.

The fluid average circumferential velocity is a representative velocity of oil
in the bearing clearance area which depends on the velocity profile. Typically, the
oil weighted velocity average is less than the linear velocity average because of the
physical behavior of the oil. The oil velocity profile tends to concave toward the

linear behavior (see Figures 2-7 and 2-8).

The X is a non-dimensional ratio of the fluid average circumferential

velocity to the shaft velocity. Mathematically:

A= average circumferential velocity/shaft velocity (2-8)

The value of A is dependent on many factors including the oil properties
(e.g. viscosity and oil inlet pressure) and the geometry of the oil passage in the

bearing (e.g. shaft eccentricity).

Figure 2-7 Effect of shaft speed on 0il velocity
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Figure 2-8 Oil velocity profile in the fluid film bearing

Consider the following three cases. First, A is zero if the oil is not rotating
relative to the shaft rotation. Second, Ais in the range of 0.43<1<0.49, where the
oil whirl and whip may occur under certain conditions. Third, 1<A which takes
place when the lubricant velocity is greater than the shaft velocity (e.g. the oil flow

rate coming from the forced lubrication system is very large).

2.7 Dynamics of Whirl and Whip

2.7.1 [Interaction of Natural Frequencies

Machines mounted on radial fluid film bearings have two types of
resonance: mechanical and fluid. The natural frequency of the whole system (not
only the shaft) will be affected by the interaction of three elements: rotor, oil film
and bearing. These elements are partially mechanical (solid materials) and partially

fluid (lubrication oil).



The mechanical characteristics related to the rotor, e.g. the shaft mass, are
generally speed independent while the fluid characteristics related to the fluid film
bearing, e.g. the oil film thickness, are generally speed dependent. Notice the vibration
frequency change in Figure 2-9. The natural frequency is changing as will be seen in
the frequency maps. In the transient state, the instability frequency (in cpm) may be

changing while frequency order (in nX where X is the shaft speed) is constant. The

vice versa is also possible.
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Figure 2-9 Cascade plot of instability

Typically, during the start up, the instability starts as the oil whirl. As the
speed increases, the whirl continues and then converts into the oil whip thereafter.
Though it is not unusual to notice that the whip follows the whirl, the mechanism of

transition from the whirl to the whip has not been given sufficient attention so far.

The resonance of the whip occurs when the mechanical natural frequency
of the rotor is excited by a subsynchronous excitation. Because the mechanical natural
frequency is not dependent on the speed, the whip vibration frequency is independent
of the rotor speed (i.e. the oil whip vibration frequency remains invariable even if the

rotor speed is increased).



The resonance of the oil whirl occurs, however, when the fluid-related
natural frequency of the rotor is excited. The (fluid-related) natural frequency of the
rotating system increases as the rotor speed increases and hence the cxcitation
frequency and the natural frequency coincide over a range of rotor speed, i.e. the
whirl vibrations continue to be active as the rotor speed increases at increasing
frequency. This can be illustrated clearly in the cascade plot, Figure 2-9. In this
figure, it is noticed that the whirl amplitudes are active at an order line (about
0.5X). The whip frequency is basically constant with speed (decreasing frequency

order). The whip vibrations continue as the rotor speed increases but at constant

frequency.

Remember that the natural frequency of a machine mounted on a fluid film
bearing found by the impact test may not be representative and may not be accurate
for such machines because it gives only the natural frequency at static conditions
and for the mechanical components only. Impact test results are taken, actually, for
bearing with the minimum fluid film thickness, possibly zero thickness, with no
gyroscopic and no other dynamic or operational effects. This explains why a natural
frequency value collected by an impact test varies sometimes from that observed
while the machine is running during start up. To compensate this deficiency,
frequency interface charts (natural frequency maps) are developed. These charts
provide the machines natural frequencies as a function of the rotor speed and with a

normal fluid film thickness. An example was given before in Figure 2-3.

2.7.2  Dynamics of Whirl and Whip

From cascade plots, it can be noticed that the whirl (or directly the whip)
starts at a certain rpm and continues. The threshold of instability is a common term
used to define the instability starting speed in rpm. For example, in the cascade plot

of Figure 2-9, the instability threshold of the whirl is about 4100 rpm.



The oil whip is mainly influenced by the mechanical characteristics, which
are, again, generally independent of the shaft rotational speed. Notice in the cascade
plot of Figure 2-9 that the whip frequency is almost constant at about 2750 cpm.
This value did not vary even if the shaft speed was increased from 6800 rpm to

9000 rpm.

On the other hand, the whirl frequency order is constant at about 0.45X
since the instability has started at 3800 rpm up to the conversion of the instability to
the whip at 6800 rpm. The oil whirl is mainly influenced by the fluid-related
characteristics, which are, again, generally speed dependent. Table 2-1 below
compares the whirl and the whip. Notice that the terms threshold of instability and

stability threshold are both used in this thesis and refer to the same phenomenon.

Table 2-1 Whirl-Whip comparison

Instability | Frequency Order

Whirl Increasing Constant

Whip Constant Decreasing

2.7.3 Imstability Vibration Control

To control the fluid induced vibrations, the concept of resonance tuning
(separating running speed from the natural frequency) is implicitly applied. The
heart of the methods proposed is to control one or more of the following factors:
eccentricity ratio (defined in the next section), shaft radial preload, bearing
clearances, lubrication oil viscosity, lubrication oil inlet pressure, shaft dimensions

(length and diameter), bearing geometry and surface and shaft speed.

Though the given methods seem to have different approaches, many of the
parameters affecting the instability are quite related. These control methods can be

categorized into three general classes. Each of the three classes has factors that are



to be controlled to curc the instability. The proper method to sclect depends on the

application and restrictions. The three classes are:

e Rotor related: Applying external forces

(unbalance, preload, etc.).

e Bearing related: Changing the bearing design

(tilting pad, pressure dam, etc.).

e Oil related: Changing the o1l system

(temperature, pressure, etc.).

All the solutions are primarily working to control A in one way or another.

In most cases, decreasing A reduces the instability threshold.

Oil system factors cover the oil properties inside the bearing such as inlet
pressure, temperature and viscosity. The oil viscosity is known to influence the oil
velocity profile while the oil temperature changes the viscosity. Moreover, the oil
load capacity is dependent on the oil viscosity. In a lubrication system design, the

oil pressure and flow are considered parameters for the energy and heat balance.

Bearing factors cover the type of bearing design and the existing clearances
between the shaft and bearing. There are many fluid film bearing designs which
are suitable for certain applications. According to an old survey (1979) {29, 30],
90% of large turbo-machinery in petrochemical industry use pressure dam and

tilting pad bearings (Figure 2-10).

Generally speaking, bearing designs that preload the shaft away from the
bearing center through pressure distribution tend to enhance the stability (e.g.

pressure dam bearing). A bearing design that reduces the oil circulation around the



shaft also cnhances the stability (e.g. tilting pad bearing). It is known that eccentric
configurations are found to be more stable than concentric configurations [2,21].
Proper bearing design or selection should consider the instability as well as the
other problems. In some cases of bearing modifications (e.g. changing from plane

to grooved), an increase in the bearing temperature could be encountered.

Pad

Tilting Pad Pressure Dam

Figure 2-10 Examples of fluid film bearing designs

Despite the bearing design, the existing clearances play a major role in the
whirl/whip instability. As a rule of thumb, the instability is more likely to occur as
the clearances increase. Increasing the fluid film thickness in the bearing clearance

circle reduces the entire system stiffness. Refer to [30-31] for more details.

The model in Figure 2-11 explains the effect of fluid film thickness. As the
film thickness increases (longer spring to compress), the system becomes softer. As
a result, the natural frequency is decreased. From a practical point of view, if a
whirl/whip problem is to be solved through the bearing factors, adjusting the

clearances will be the most affordable method for industrial applications.
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Figure 2-11 Modeling fluid film bearing as springs

The method of Anti-Swirl is based on the principle of injecting oil with
proper pressures to control the shaft dynamics inside the bearing [19-20]. Other
approaches consider redesigning of bearing parameters. Efforts have been put to
overcome the instability problems and have resulted in different designs of radial

journal bearings [22,23,25].

Another way to control the whirl/whip instabilities is through rotor factors
which include four general approaches: mechanical properties (mass
dimension/distribution and material) and rotor location in bearing (pre-load and
unbalance). In those methods, shaft eccentricity is altered. Slight misalignment or
unbalance may solve the problem, however, this should be done after calculations

to anticipate the rotor response. The core of this research is related to these factors.
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Any attempt to control the whirl and whip vibration should consider the

following factors:
o The threshold of instability

¢ The amplitude of vibration.

2.8 Shaft Average Eccentricity Ratio

Eccentricity, e, is the distance between the bearing and journal centerline. It
is zero when both centerlines coincide on each other and is maximum when the
shaft surface touches the bearing's wall. Maximum eccentricity is the radial
clearance, C, of the bearing. If the eccentricity exceeds this value, then it is either
that the shaft rubs and penetrates the bearing white metal or the bearing clearance

itself has increased. Mathematically,

0<esC (2-9)

where

C = (Dp-Ds)/2 (2-10)

and

o= VG457 @-11)

where D and Ds are the diameters of the bearing and shaft, respectively. The last
equation is an expression of eccentricity, where the bearing center is the origin (0,0)

and the coordinates of the shaft center are (x,y) as illustrated in Figure 2-12.
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Figure 2-12 Exaggerated shaft eccentricity

Due to the dynamic motion and reaction forces of the rotor-bearing system,
the eccentricity changes dynamically with time. Shaft average eccentricity (SAE) is
developed as a representation of the eccentricity under certain dynamic conditions
within a short period of time, At, say At= 10/shaft speed (in rpm). Notice that this is
an artificial location of the shaft. The shaft average eccentricity is associated with
the standard plot of shaft average centerline (Figure 2-13). The later plot is
basically, y-SAE vs x-SAE where the y and x refer to the vertical and horizontal

directions.
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Figure 2-13 Shaft average centerline plot

Shaft average eccentricity ratio,&, is the ratio of the shaft average
eccentricity to the bearing radial clearance. The advantage of this representation is
normalizing (independent of the bearing radius). In other words, an un-normalized
shaft average eccentricity of 100 micron could be high and could be normal
depending on the bearing clearance (of large and small clearances) unlike a value of

0.8 for ¢ . Mathematically,

£ =elC (2-12)
and
0 ¢ =1 (2-13)

& is a major contributor in controlling 4. The effect of journal location in
the fluid film bearing is summarized in Table 2-2. The variables are compared with

both speed and bearing load being constant.
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Table 2-2 Conceptual summary of consequences as shaft eccentricity ratio increases

Parameter Small Eccentricity Large Eccentricity

7N
" Y
Shaft in bearing ‘\!/’

Force on fluid film

Velocity profile

Bearing load, W Same Same
Shaft speed, Q Same Same
Journal eccentricity ratio, & Small Large
Minimum film thickness, hpin Large Small
Flow rate across hyn Large Small
Bearing stiffness, K Small Large
Bearing damping, D Small Large
Instability vibration amplitude Large Small

Stability threshold speed, €, Low High
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CHAPTER 3

EXPERIMENTAL WORK

3.1 Introduction

In this chapter, the major components of the thesis experimental work
conducted on the vibration instability are discussed. First, the experimental set up is
briefly described. The setup includes mechanical components, instrumentation and
software. Then, the test configurations are introduced and followed by the obtained
results. The main configurations studied are: disk axial location, shaft length and
disk unbalance. Pre-tests were conducted to verify the output signals. Impact tests
were performed using modal hammer and the results for both the rotor and its
foundation are presented. Row data was exported to spread sheets for further analysis

as discussed at the end of the chapter.

3.2 Experimental Setup

3.2.1 Mechanical Components

The RK4 rotor kit [32] furnished with the vibration instrumentation was used.
The setup included the following mechanical components: a shaft, sleeve bearing,
fluid film bearing, disk with balancing holes and a provision for relocation,
lubrication system and controllable speed DC motor which can be seen in Figures 3-
1 to 3-5. The sleeve bearing (bushing) can be relocated axially to modify the shaft
length (/) which is adjustable up to about 400 mm. The disk location (/') is also
adjustable anywhere between the two bearings. The parameters /' and / are shown in
Figure 3-2. As seen in this figure, the axial location is referenced from the fluid film
bearing to the disk or to the sleeve bearing. The shaft diameter is 10 mm, disk

thickness, diameter and weight are given as 25 mm, 75 mm and 800 g, respectively.
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The diametrical clearance of the fluid film bearing is 0.4318 mm (17 thou) and its

width is 25.4 mm ( 1 in). Journal diameter is also 25.4 mm (1 in).

1. Oil Pump Assembly
2. Oil Bearing Assembly
3. Rotor Kit Shaft with Oil Bearing Journal

Figure 3-1 Schematic drawing for the rotor kit [32]
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Figure 3-2 Definition of the parameters | and l'

Figure 3-3 Disk with the holes for adding unbalance weight

Figure 3-4 RK4 rotor kit assembly
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Figure 3-5 Fluid film bearing with the horizontal and vertical probes

3.2.2 Instrumentation

Instruments were used to collect the raw mechanical vibration signals. They
perform some basic mathematical operations such as calculating the direct vibration
readings. Then they send the data to the computer for further processing, analysis
and storage. The following description is for major instrumentation components

employed during the tests:

e FEddy current (proximity) vibration probes: to measure the radial
relative shaft vibration with respect to bearing housing. Four probes were
used, two on each bearing. They were mounted in the true horizontal and

vertical directions.

o Key phasor and speed pick up: to give a signal per revolution
(phase reference) and to measure rotor speed. Key phasor minimum reading

is 100 rpm.
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e Proximitors (oscillator demodulator): to convert the electrical
signal to the desired engineering unit, in this case from mV to mils. Five

proximitors were used, one for each probe.

e Data acquisition interface unit (DAIU): to capture data patches
and digitize them. It also calculates the following: overall vibration level, 1X
phase and amplitude and gap voltage. This data is instantaneously transferred

to the computer through a special communication protocol.

e Speed control unit: to adjust both rotor speed and ramping rate

online, through a closed feedback loop.

Figure 3-6 is a block diagram for the path of the vibration signal from the
shaft until it is analyzed in the computer software. The fluid film bearing is
abbreviated in this figure as FF and sleeve bearing as SB. ADRE is a software
whose name is abbreviated from Automated Diagnostics for Rotating Equipment,

used in the vibration analysis (from Bently Nevada).

30



Shaft Shaft Shaft Shaft Shaft
vibration vibration vibration vibration speed and
(FF Ver) (FF Hor) (SB Ver) (SB Hor) phase

Eddy Eddy Eddy Eddy Eddy

Current Current Current Current Current

Probe Probe Probe Probe Probe

Proximitor Proximitor Proximitor Proximitor Proximitor

v

v

v

v

v

Data Acquisition Interface Unit

v

Computer Software
(ADRE)

Figure 3-6 Vibration signal path through the instruments

3.2.3 Software

A computer was used to store and analyze the data through ADRE [33].
ADRE is programmed to communicate with the DAIU and to adjust the DAIU's
configurations to match with the physical rotor setup. ADRE produces sveral plots
that are used in the vibration diagnosis and analysis. The most important plots

related to this research are:
1. Time waveforms.

2. Half spectrum and full spectrum: FFT of the waveform for single and dual

probe configurations.

3. Bode plot: transient direct and filtered vibration of 1X amplitude versus

rotor speed and filtered 1X vibration phase versus rotor speed.
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4. Cascade plot: 3-D transient superimposed spectra over each other as rpm
increases/decreases, where x-axis is frequency, y-axis is filtered amplitude and z

axis 1s speed.
5. Orbit plot: Two-dimensional dynamic plot of x and y-vibration readings.

6. SACL: shaft average centerline location in the bearing clearance circle,

traced as speed varies.

3.3 Experimental Tests

The experiments were conducted in order to trace the instability response of

the system as a result of changing the following parameters:

1. Disk axial location
2. Shaft length
3. Disk mass unbalance

All the experiments ran up to a speed of 9000 rpm. The ramp rates applied
were 5000- 8000 rpmy/min.

3.3.1 Pre-Tests

Pre-test checks were performed to verify the correctness of vibration signal
acquisition and processing, including the gap voltage calibration. In addition, the
four signals were compared with each other and were found in agreement. Final
confirmation used the CSI 2115 and RBM Consultant (portable stand-alone FFT
vibration analyzers from Computational Systems, Inc.) to counter check the
instrumentation system as a whole from the probe up to the output of ADRE
software on the computer. Both CSI and Bently Nevada instruments matched each

other and no noise in the signal was noticed.
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A comparison of vibration signals from the vertical and horizontal probes

shows a 87 deg phase shift between the two responses due to 1X excitation

(unbalance). Refer to Figure 3-7 for more details.
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Figure 3-7 Vertical (up) and horizontal (down) probe unbalance vibration signals

3.3.2 General Observations

After conducting the pretests, several common observations were noticed in
most setups, which can be good starting points to the experimental results. First, the
instantaneous plots (whose maximum data acquisition time covers eight shaft

revolutions or less) are discussed and then the transient plots are considered.
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Figures 3-8 to 3-13 show a comparison of the vibration response before and
after the instability starts at 2320 and 2550 respectively, collected from the same
probes under the same conditions. Notice the waveform in Figure 3-8 before the
instability, where the dominant vibration cycle is the 1X rpm. Figure 3-9 shows the
waveform of the vibration signal after the instability develops. In the spectra of
Figures 3-10 and 11, notice the minor amplitude of 1X compared to the major

instability amplitude at about 0.5X.

The circular forward precession can be seen from the orbit plots, since both
the directions of the vibration signal and the shaft rotation are the same (Figures 3-
12 and 3-13). After the occurrence of the instability, the orbit shape magnifies
accommodating the sub-harmonic frequency as can be seen from the spectrum plot

of Figure 3-11.
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Figure 3-9 Waveform after the instability
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Figure 3-12 Orbit before the instability
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Figure 3-13 Orbit after the instability
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The Bode plot of the fluid film bearing shown in Figure 3-14 demonstrates a typical
relation between the overall vibration level and the unbalance during instability. Notice the
sudden fluctuation in 1X phase just after the system gets into instability. Also, though the
amplitude of 1X may increase/decrease, the overall vibration level is maintains its value
steadily. This is because the vibration amplitude is covering almost all possible space for
motion, i.c. the bearing clearance, and there is no room for the amplitude increase. This
scenario is seen in most cases, yet other cases were highlighted in the unbalance section. In
this particular test, the instability is active in the range of 2400 rpm up to the maximum
speed of 10000 rpm.

On the other hand, the Bode plot of the sleeve bearing is qualitatively different
(Figure 3-15). Both the 1X and overall vibration levels increase as the speed increases.
Also, the change in the 1X phase is gradual and smooth unlike the sudden change in the

fluid film bearing case.

The plot of the shaft average center line given in Figure 3-16 illustrates the
eccentricity of the journal in the fluid film bearing. It is noticed that the shaft, with the
speed increase, moves towards the center of the bearing, decreasing the eccentricity. In fact,
most cases had the instability occurring in a circle of about 3 mils from the center of the

bearing.

The difference between the vibration behavior in the sleeve bearing and fluid film
bearing is related to the shaft movement (position). For comparison, the vertical shaft
center movements (gap voltage) for both bearings are given as a function of speed in Figure
3-17. Notice the continuous and gradual increase in the sleeve bearing compared to the
asymptotic increase in the fluid film bearing. The asymptotic line is clearly seen by the

instability threshold at about 2500 rpm.

Cascade plots are used to show the sequence of changes in filtered vibration

amplitudes when the instability starts. The cascade plot given in Figure 3-18 records a

38



threshold of instability at 2550 rpm when the subharmonic amplitude suddenly rises. The
overall vibration level will also jump and this was seen in the Bode plot in Figure 3-14.
However, Bode plot does not provide amplitude information of the instability frequency, as
in this case. In the cascade, notice the oil whirl behavior at constant relative vibration order
at about 0.47X rpm and then the oil whip behavior with a constant vibration frequency at

about 3850 cpm.
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Figure 3-14 FF bearing Bode plot
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Figure 3-19 shows the consistency of the results collected from the two probes on
the fluid film bearing. Results are taken from eight experiments. The threshold of instability
is given in terms of the shaft speed (rpm). It can be noticed that there is a good matching

between the results collected from both horizontal and vertical probes.
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Figure 3-19 Instability frequency and threshold collected from four probes

In the following section, the rotor set up was fixed except for the parameter which
was altered to examine its effect on the instability. Results were gathered to generate trends.

More attention was oriented to the threshold of instability.

3.3.3 Disk Location

The plots given in Figures 3-20 and 3-21 were generated from four runs under the
following conditions: rotation is counter clockwise, shaft length is /=300 mm and no
unbalance mass is added. With the increase of disk location, the instability threshold
frequency is increasing while its order (ratio of the vibration frequency to the shaft speed

frequency) is decreasing. No effect was noticed on the instability amplitude by this factor
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and the effect on the instability frequency is minor except for the high speed when the

instability becomes a whip. This is illustrated in Figure 3-21.

Figure 3-22 shows the plots for the effect of disk location on the instability
threshold for different shaft lengths. Again, the frequency of instability threshold is

increasing with the increase in disk location.

The effect of the axial disk distance between the disk and the fluid film bearing (/')
is clear on the threshold of instability. It was found that the parameter (/') is the strongest
factor in affecting the threshold of instability and in the qualitative change of rotor

response.
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Figure 3-20 Instability threshold, frequency and its order.
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Figure 3-22 Effect of disk location on instability threshold with different shaft lengths
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3.3.4 Shaft Length

The span between the fluid film bearing and the sleeve bearing (/) was examined as
a factor affecting the instability threshold. Tests revealed a decreasing trend. It was clear
from the experimental result that the smaller the shaft length, the higher the frequency of
instability threshold. This is possibly due to the fact that a shorter shaft length yields a
higher eccentricity, which consequently results in a higher instability threshold. This

parameter has no affect noticed on the instability amplitude.

Figure 3-23 is a sample result taken from tests for shaft lengths /= 200, 300 and 400
mm. In order to exclude the effect of disk location the disk was kept in the mid-span in all

cases.
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Figure 3-23 Effect of shaft length on the threshold of instability

3.3.5 Mass Unbalance

The effect of unbalance on the fluid induced instability behavior was studied for a
single disk. The setup was adjusted to have the best alignment so that the bearing can
generate the oil instability. The experiments started with the response of the system with no
unbalance. The amount of unbalance was increased gradually in a series of tests. The

example sample cascade plot, given in Figure 3-18, shows the minor change in the 1X
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amplitude compared with the major change in the instability frequency at about 0.5X.
Figure 3-24 is a result of the exported data trend of instability amplitude. Notice the
decrease- increase amplitude between samples 20-30 due to unbalance resonance. It is even

clearer when the unbalance increases as shown in Figure 3-25.

No general rule can be drawn for the unbalance, but it increases the threshold of
instability most of the cases especially with the higher values of /. Otherwise it decreases

the threshold. The results can be summarized as follows:

0 Increasing the weight results in rising the threshold of

instability if the ratio //// is large.

(0 Increasing the weight results in lowering the threshold

of instability if the ratio /’/ is small.
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Figure 3-24 Unbalance and weight comparison in a transient response
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Figure 3-25 Summary of unbalance test results

Unbalance Evaluation:

To evaluate the amount of unbalance, ISO 1940-1 guidelines [28] were used. For

the configuration of /'= 200 mm and /= 400 mm, the following calculations were carried

out:

Machine: Rotor Kit (single stage turbine model, essential category machine)

Service Speed: 6000 rpm
Balance Grade Code: G 6.2

Maximum Permissible Specific Unbalance = 10.03 g*mm/kg

Rotor Mass= 1.047 kg
Maximum Permissible Total Unbalance = 10.5 g*mm

Unbalance Radius= 30 mm
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Then, the maximum permissible total unbalance mass per G6.3 is found as 0.35

grams.

Table 3-1 i1s summary is for the unbalance calculations based on two maximum

service speeds of 1800 and 6000 rpm, though the experiments were conducted up to speeds

above 9500 rpm. The unbalance radius was taken as 32 mm.

Table 3-1 Permissible unbalance summary results based on ISO code for a speed of 6000 rpm

Permissible
Corresponding Tested balancing mass,
I' (mm) [ (mm) unbalance mass per
unbalance mass (g) m, (g)
G1, 2.5, 6.3 (g-mm)
100 200 1.47,3.67,9.26 0.046,0.11, 0.29 0,0.8,2
60, 90, 210 300 1.57,3.92,9.87 0.049,0.123,0.31 0,1,2
200, 280, 340,
60. 120 400 1.67,4.18,10.53 0.052,0.13,0.35 0,0.2,04,08,1.2,2,34

Table 3-2 Permissible unbalance summary results based on ISO code for a speed of 1800 rpm

Permissible
Corresponding Tested balancing mass,
I' (mm) [ (mm) unbalance mass per
unbalance mass , (g) m, (g)
G1,2.5, 6.3 (g-mm)
100 200 4.9,12.24,30.85 0.153,0.383, 0.964 0,08,2
60, 90, 210 300 5.23,13.07,32.93 0.163, 0.408, 1.03 0,1,2
200, 280, 340,
60. 120 400 5.57,13.93,35.1 0.174,0.435, 1.1 0,02,04,08,12,2,34

Comparing the table calculation and the masses used in the experiments reveals that

the used unbalance amounts were close to the recommended amounts provided as limits in

the standard.
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The synchronous vibration increases at the critical speed and suppresses the fluid
induced instabilities in the same region. Introducing the unbalance changes the journal
position inside the bearing clearance circle and hence it influences the average
circumferential velocity ratio which modifies the dynamic response of the rotor. The trends

in Figure 3-26 illustrates that the shaft goes further down with the mass unbalance.
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i
i
o

Figure 3-26 Effect of unbalance on the vertical journal position, given in gap voltage

Figure 3-27 shows the results extracted from eight experiments conducted under the
following conditions: /= 60 mm, /= 400 mm, pump discharge pressure= 1.5 psi, rotor ramp
rate= 5000 rpm/min, unbalance mass increasing from 0 g to 5 g. It can be seen that the

threshold of instability initially increases then decreases.
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3.3.6 Impact Tests

A series of impact tests were conducted on the rotor kit under different
configurations and on the rig foundation. The following paragraphs will discuss the setting

and results.

Hardware set up includes: two vibration analyzers CSI 2115 (Figure 3-28) and
2120A, medium sized modal instrumented hammer (Figure 3-29), general purpose
accelerometer with magnetic base (CSI GP 610) and Bently Nevada multi-channel DAIU.
Impact test results revealed that the test rig foundation natural frequency is 2265 cpm which

was seen clearly in most of the results. Sample data is given in Figure 3-30.
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Figure 3-28 CSI 2115 Data Collector

Figure 3-29 Modal Hammer
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Figure 3-30 Foundation resonance frequency of 2265 cpm (impact test results)

After a series of impact tests on the rotor itself, as expected, the results show that
the rotor natural frequency is minimum when the disk is in the shaft's mid-span and is
increasing as the disk is moved to the ends. Samples of impact test plots are shown in

Figure 3-31, including coherence and phase change across the natural frequency.
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3.3.7 Exported data

Data was exported from the ADRE software to spread sheets for further
processing and analysis. This was done because of ADRE restrictions on the
predefined output plots. The exported data included the following: time, direct
amplitude, 1X amplitude and phase, gap voltage and sample information. Two main
constraints have to be mentioned here. First is the failure to compare efficiently
data from separate tests. Second is the lack of access to adapt the variables in the
programmed plots. Examples of the generated plots will be discussed in the
following section. The mathematics behind these plots is discussed in the numerical

chapter of the thesis.

3.3.8 Graphical representations

In this section, several plots extracted from the instability experiments are

presented. Some of them are not available in the literature.

Figure 3-32 is a fundamental plot for the forthcoming plots. It embodies
trends of the direct (unfiltered) vibration amplitude, the instability vibration
amplitude (filtered to the instability frequency), the synchronous vibration
amplitude and the calculated unbalance force. The data of the instability (frequency
and amplitude) in this plot was collected manually. Such collection cannot be done
using the existing instrumentations. The difficulty in doing this electronically is due
to two reasons: first, filters are based on triggering signals (signal per revolution).
This enables filtration of 1X and its harmonics but not on the fraction of the shaft
speed, as in the case of oil instability. Second, even if there is a mapping to function
the filter to detect a 0.47X amplitude, generating the plot may not be possible in the
fluid induced vibrations because of the change in the frequency order, especially in

the oil whip case, where the order decreases.
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Figure 3-33 is the plot of the shaft average eccentricity ratio & vector as the
shaft speed increases. To produce this plot, the experimental data was manipulated
from the gap voltage readings, as will be discussed in the next chapter. When the
shaft is at rest, the £ is one. When ¢ is plotted against the vibration amplitude as in
Figure 3-34, it explicitly clarifies the strong influence of ¢ on the threshold of
instability. If the system has the potential to be instable, ¢ will be seen as gradually
decreasing until the system becomes unstable (&£=0.38). Notice that generally
speaking the instability amplitude is limited with a sealing as long as ¢ is not

approaching small values.

The response plot is not repeatable, i.e. start up and shutdown plots are not
identical due to the hysteresis in the system. This was found to be true for the
amplitude, frequency and order. Notice the irreparable behavior in the startup and
shutdown. Another observation on the same plot is the hysteresis effect on the
shutdown part of the trend. The response in the shutdown 1s memory-based, i.e., the
system continues to be unstable even if shaft speed is reduced to a stable speed

during the startup. Stability demands a higher & (0.57) during the shutdown.
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Figure 3-32 Data analyzed after exporting. Trend of instability amplitude
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Figure 3-34 Instability amplitude as a function of ¢

The magnitude of £ is the weighted displacement made by the shaft from
the bearing center and the angle of ¢ is measured from the vertical axis in the
direction of rotation. The angle starts from zero and then moves suddenly as a result
of the slow roll motion, (Figure 3-34). It was noticed thate is affected by dynamic

and static loads.

Another example of the graphical representations is Figure 3-38 which
shows a comparison of the unbalance force effect on the instability amplitude and
on the synchronous vibration amplitude. Notice that the summation of both
amplitudes is almost equal to the direct value (overall vibration). This note is
related to the explanation of the constant overall vibration amplitude when the fluid
induced instability is active together with the unbalance. The unbalance has a clear
effect on the amplitude of both the subsynchronous and the synchronous
amplitudes. It was noticed that the 1X amplitude will rise on the advantage of the

instability, but the overall vibration level stays, more or less, the same.

Figure 3-36 shows the effect of unbalance on the instability order. There is a
slight inconsistent fluctuation. This figure is collected from a test with a shaft

length of 300 mm and a disk location of 60 mm.
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CHAPTER 4

NUMERICAL COMPUTATIONS

4.1 Introduction

In this chapter, a rotor mounted on a fluid film bearing is modeled and its oil
instability response is presented. The bearing is modeled as springs and dampers
representing both energy storing and dissipating elements of the bearing fluid film.
The following section will illustrate the method used in evaluating the stiffness and
damping values. Later sections are dedicated for the analysis of the numerical
results obtained from X/-Rotor program applied in the fluid film instability
modeling. First, general stability analysis will be addressed. Then, the effects of the
shaft length and the disk location on the instability are studied.

4.1.1 Bearing Properties

To obtain the stiffness and damping of the bearing, the bearing fluid forces
acting on the journal surface are calculated by integration of the pressure field.

Mathematically, this can be written as:

el ﬁp(e % & 4o a: @4-1)
F e 7l siné

!

where F, and F, are the radial and tangential force components, as shown in Figures
4-1 and 4-2, P is the pressure developed in the oil film, & is the position angle
moving with the direction of rotation from the line connecting center of the journal
and bearing, z is the axial journal location (- L/2<z<+L/2, where L is the

bearing length), R is the journal bearing radius.

60



The journal forces along with their corresponding displacements and
velocities can be related to approach the stiffness and damping properties as

follows:
Fy ==K Ax—C Ax-K, Ay—C Ay 4-2)
F, ==K, Ax-C, Ax~K, Ay—C, Ay (4-3)

where Fy and Fy are the decomposed journal forces when journal is displaced from

its center. As an example for the notation used in the previous equations, the

. oF, . . : o .
stiffness term K, :6—X is acting due to a force in the x-direction but with a

Y
displacement in the y-direction, as shown in Figure 4-3. The physical representation
of the other stiffness and damping coefficients follow the same subscript
symbology. Notice that though the weight of the journal is pure radial vertical, the
fluid film bearing has an asymmetric response (unisotropic characteristic) due to
the cross-coupled stiffness. This means that if there is a load release in the vertical
direction, it will be accompanied by a motion in the horizontal direction due to
cross the coupled stiffness. A similar scenario applies to the damping. Remember,
coordinate transformation of the forces might be applied to find Equations 4-2 and

4-3 as follows:

Fy=F,cos ¢ - F,sin ¢ (4-4)
Fy=F,sin ¢ + F,cos ¢ (4-5)

where ¢ is the attitude angle as shown in Figure 4-1.
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Figure 4-3 The eight bearing mechanical properties [35]

For a radial fluid film bearing drawn schematically in Figures 4-1 and 4-2,

Reynolds equation is [35]:

3 3
] 6 h aP 8 h 6P =V cos(0+a) (4-6)
R? 06 12,u EY) 82 12,u oz

where /4 1s film thickness (function of & and #), u is the oil viscosity, V, and « are

the magnitude and lead angle of the pure squeezed velocity. Remember that C is the
bearing clearance and e is the eccentricity, which are going to be used in the

following formulation.

For a short bearing (L/D<2), it is established that % ~ 0 and consequently,

Reynolds (4-6) equation can be reduced to:
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3
O h 9P V, cos(8+a) 4-7)
Oz |12u Oz

Pure squeezed velocity, Vi, is the time rate of change of e relative to a coordinate
system that has an angular velocity £/2 relative to the stationary coordinate system
(X, Y). Notice that equation (4-7) can be integrated to find pressure directly since 4

is not function of the axial coordinates. After the integration and some

manipulations, the pressure distribution can be found as,

B 6uV, cos(@+a) » L2 ]
P(0,z)=P, + Iy {z (2) } (4-8)

. . h : .
where P, is the atmospheric pressure, H :E:1+gcos¢9, & 1s the eccentricity

ratio and
h=C+ecos(d) 4-9)

Having the expression of pressure, the forces in equation (4-1) can be found
by substitution of P(#,z) in Equation (4-8). With the aid of Booker's Journal
Tables, the force equations in Equation (4-1) for plain bearings are given as

follows:

3 2
gl Cat (4-10)
C'(1-¢%)
3
_ muRL Qe (@-11)

T 4C2(1—62)3/2

At this stage, the magnitude of the load, W, can be expressed as below:
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W=W= ! QRL(%)Z[g\/m]

rta (1-2)

or

1 L, 1
W:Z,uQRL(—C—) [;] (4-12)

where ¢ is defined as the modified Sommerfeld number. For the application of plain

bearing, one can rewrite it as:

o= yarpky-—_4z¢)

=7S(L/ D)’ (4-13)
4w c 8\/1652+712(1~82)

where S is the Sommerfeld number. Figure 4-4 shows modified Sommerfeld
number as a function of& and the theoretical motion of the shaft inside the bearing
clearance circle is shown in Figure 4-5. Sommerfeld number can be looked at as an
indication of journal position inside bearing clearance circle as a result of all loads

and bearing factors affecting the shaft position.

When the load W is decomposed into tangential and radial components, the

Attitude Angle can be expressed as:

{ 2
tan(b:_ﬂ:_j[l—g (4_14)
F de

r

The attitude angle represents the angular shift of the journal from the vertical
centerline to the position of the current minimum fluid film thickness in the

direction of the rotation. To link the attitude angle to S, the trajectory of the attitude
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angle has been plotted on the same graph with the Sommerfeld number in Figures

4-4 and 4-5.
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Figure 4-4 Modified Sommerfeld and Attitude Angle vs &
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Figure 4-5 2-D prediction of journal position
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Notice that the Sommerfeld number provides the necessary link between the
journal loads and the bearing mechanical properties through the location of the
journal in the bearing clearance circle. For a certain bearing construction, the
stiffness and damping properties in Equations (4-2) and (4-3) can be found. Figures
4-6 and 4-7 are the results of this calculation for the case of plane bearing (un-

damped un-grooved) with L/D=1.

Under steady state conditions, the calculations of K’s and C’s are made

based on the following list of assumptions:

1. The lubricant is incompressible and obeys Newton's laws

of viscous flow. Fluid viscosity of the lubricant is constant throughout the
film.

2. Lubricant inertia effects are minor and neglected.

3. The flow in the axial (z) direction is ignored. The velocity

of a lubricant particle depends on its x and y coordinates

4. The curvature of the bearing can be ignored.

For more details on the formulation, refer to [35-36].
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4.1.2 Bearing Properties Sample

Calculation

The following manual methodology is presented to illustrate how to find
bearing parameters for a rotor setup using the Sommerfeld number and the

corresponding figures (Figures 4-6 and 4-7). All assumptions mentioned earlier
apply.

Journal Length, L= 0.025 m

Journal Diameter, D= 0.025 m

Oil Dynamic Viscosity, z= 0.0274 N sec/m”

Radial Clearance, C= 0.0004318 m (= 0.017 in)

Speed, N = 6000 rpm , hence w= 628 rad/sec

Rotor Mass, M= 1 kg

Rotor Weight, W,,~9.81 N

Weight on Fluid Film Bearing, W=4.905 N

Journal ratio, L/D=1

2
Sommerfeld No S = HDLN ﬁ} =046
w | C

Using S and Figure 4-6 Direct Parameters are found as follows:

CK
Ky Coeff= — = 1.9, thus K,;=2.16E+04 Nim = 123.24 Lb/in

KuCoeft= VI;” — 1.5, thus Ku=1.70E+04 N/m = 97.29 Lb/in
CoC, i
C,,Coeff= 7 = 6.1, thus C,,= 1.10E+02 N*sec/m = 0.63 Lb*sec/in
CoC, _
CwCoeff= 7 Y =71, thus Cy= 1.28E+02 N*sec/m = 0.73 Lb*sec/in

Using S and Figure 4-7, Cross Parameters are found similarly as follows:

69



CK
K,Coeff= Wyx = -3, thus K= -3.41E+04 N/m = -194 Lb/in

Ky Coeff= 9%"1 =5, thus Ki,= 5.6E+04 N/m = 324 Lb/in

CaoC, . . )
CyxCoeff= 7 =2, thus C,,= 36.2 N*sec/m = 0.21 Lb*sec/in

CwC, .
CyCoeff= 7 2= 2, thus C,,= 36.2 N*sec/m = 0.21 Lb*sec/in

4.2  Numerical Solution (XI-Rotor)

4.2.1 Effect of bearing load on its

properties

The general bearing model calculation relies on a long list of changing
parameters (c.g. lubricant type, viscosity, bearing preload etc.) with different levels
of significance on the final bearing characteristics. Particularly to the problem

under consideration, both bearing load and eccentricity are major factors.

Bearing load is expressed in two forms, either weight carried by the bearing

or load per bearing unit area. They are related as follows:

p=" (4-15)

where P is the bearing load, W is the weight on the bearing, L is bearing length and

D is the bearing diameter.

Figurcs 4-8 and 4-9 are the numerical solutions from XI-Rotor [37] for the
direct stiffness (K. and KX,,), direct damping (Cx, and C,,), cross-coupled stiffness
(K, K,) and cross-coupled damping (C, C,,) values as functions of the

Sommerfeld number for the bearing used in the analysis. Notice that K,, is initially
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large (as it is close to the bearing wall) and then decreases with the shaft lift. Also,

notice the symmetry between each pair.

As given before, the Sommerfeld number, S, is directly proportional to the
shaft, Q2, speed and hence the above plots can be converted into the speed domain.
The converted plots give more sense to the behavior of the machine. This is

illustrated in Figures 4-10 and 4-11.

In real life problems, the bearing load may be reduced (or intentionally
increased) by shaft alignment and by changing bearing contact areas. To examine
the effect of bearing load on the model, the same bearing is modeled with bearing
load reduced to one-half. Notice the changes due to load reduction in Figure 4-12

and 4-13 compared to Figure 4-10 and 4-11, respectively.

The disk weight represents a major part of the system weight and is a major
contributor to the fluid film bearing load. Since the disk's location is changed along
the axial direction, the load on the fluid film bearings will change as the disk is
relocated. Consequently, the fluid film bearing stiffness and damping are dependant
on the disk location. The load effect due to disk location on the instability was not

clearly addressed in the literature.
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4.2.2 The Model

The model is considered as an anisotropic system due to the significant
variation in the mechanical properties in the radial direction (horizontal and
vertical). When the rotor runs at slow speeds, its position is close to the bottom
of the bearings; when speed increases, it never reaches the bearing center but it
approaches. In all cases the stiffness and damping parameters are not equal in

the vertical and horizontal directions.

Figure 4-14 shows the system modeled on XI-Rotor. This code is based
on transfer matrix and finite element calculations. The results presented are
based on finite element calculations. In modeling the system, the following are
defined numerically: dimensions (for shaft, disk and bearings), material
properties (for shaft, disk and bearings) and boundary conditions. As an
example, the model in Figure 4-14 is for the following setup: shaft length (/) is
400 mm, disk location (/') is 200 mm away from the fluid film bearing, with 20
elements (stations). The fluid film bearing is in station 1 while the sleeve
bearing is modeled as pinned boundary condition at station 20. Material,
dimensional and unbalance properties are shown in Tables 4-1 to 3. I; and [, are
the transverse and polar, respectively, weight moments of inertia computed for
the beam, after weighted summation for all stations. Fluid film bearing load
1s1.3 Ibf (5.78 N). Bearing is modeled with zero preload. Oil used in lubrication
is ISO VG 32 operating at 100° F (40° C).

Eigenvalue calculation is performed on the span of 200-10000 rpm with
steps of 200 rpm. This increment was adjusted after several trials and found to

be adequate. The response results are calculated for Station 2.
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Figure 4-14 Graphical presentation of model used in XI-Rotor software

Table 4-1 Material properties

Weight Density (Ib/ in3) Elastic Modulus (psi) Shear Modulus (psi)
0.283 30.0E+6 12.0E+6
Table 4-2 Dimensional parameters
First Last Total Total Total Level | Total Level
Station | Station Length Mass Inertia I, , Inertia Izp,
(inches) | (Ibm) (Ibm-in®) (Ibm-in°)
1 21 15.748 2.543 24215 0.972

Table 4-3 Unbalance parameters

Unbalance Station

Unbalance Amount (gm-in)

Unbalance Phase (degrees)

10

2.51

0
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4.3 Results

4.3.1 General Results

Figures 4-15 to 4-20 show a comparison of the system's response before
and after the instability has started, at speeds 3000 and 4000 rpm respectively.
The displacement response is given in horizontal and vertical directions which
is designated by D(2)x and D(2)y, respectively. The number between in
parentheses represents the station from which the data is collected; station 2 in
this particular case. Prior to the instability, the time waveform is steady and
shows a pure sinusoidal behavior. The frequency of the signal can be taken from
the corresponding spectrum which shows a synchronous amplitude due to the

mass unbalance (Figure 4-17). As expected, the orbit is circular (Figure 4-19).

In Figure 4-16, notice the increasing amplitude of the time waveform
and the distortion of the pure sinusoidal wave. Due to the instability, the
frequency of the vibration is not unique and can be seen in the corresponding
spectrum, in Figure 4-18. The amplitude of the unbalance (at 4000 rpm or 66.7
Hz) is small compared to that of the instability, which is clearly

subsynchronous. Notice the widening in the orbit's size (Figure 4-20).

The existing definition of the instability threshold in the literature does
not distinguish clearly between the initiation of the subharmonic frequency and
the speed at which the system will be actually unstable. In other words, if the
subharmonic frequency appeared in a small amplitude, it does not mean that the
system has got into the instability yet. See the response of the system in Figure
4-21 for a speed slightly less than the "threshold of instability"” at 3800 rpm. The
corresponding spectrum in Figure 4-22 clearly shows both synchronous and
subsynchronous amplitudes. Though it is clear from the spectrum that the
subharmonic frequency is playing a role in distorting the waveform, the

vibration amplitude is not increasing.
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Figure 4-23 is the numerical solution for the eigenvalues (natural
frequencies) of the rotor-disk-bearing system. Though the plot illustrates three
natural frequencies, the numerical solution was based to find at least six
solutions, some of which are above the frequency range of interest (>10000
cpm). Figure 4-24 is taken from [1] where a similar system was modeled
analytically using the CDS to find the characteristic equation. It was linearized
and then solved using assumed forms of solution. Notice the qualitative

matching with the numerical solution obtained from X1-Rotor.
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Figure 4-16 Waveform response after instability (at 4000 rpm)
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Figure 4-18 Spectrum response after instability (at 4000 rpm)
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Figure 4-20 Orbit response after instability (at 4000 rpm)
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Figure 4-21 Synchronous signal distorted by sub-synchronous signal
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Figure 4-22 Amplitudes of synchronous and sub-synchronous vibration
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Figure 4-24 Natural frequency map for a similar system solved by CDS

(part of the original [1])

Notice in Figure 4-23 the increasing trend of some natural frequencies while
others are nearly flat. This trend is interpreted as the effect of the fluid and solid

properties on the system's natural frequencies, i.e. related to whirl and whip.
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Bode plot in Figure 4-25 shows the response of the system due to the
unbalance. From this plot, the predicted critical speed is about 2650 rpm which is in
a good agreement with the experiential results for the same set up. (For example

Figure 3-31 showed a natural frequency of 2640 cpm).
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Figure 4-25 Vertical response showing critical speed

Calculated root locus (Figures 4-26 and 27) provides information about the
stability status of the model. Figure 4-26 reveals that a specific solution to the
natural frequencies in the range 2300-2700 cpm is prone to instability due to the
value of damping coefficient being positive. When the instability data is mapped
with the shaft speed, Figure 4-27 can be formed and hence one can find the startup
of instability in terms of speed. For the specific example illustrated here as a model,
the threshold of instability is 3900 rpm. This is decided from the fact that the
damping exponent becomes positive after this speed. The vibration amplitude

above this speed is unstable.
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4.4 Effect of Disk Location and Shaft
Length

All of the previous plots were taken from the model with a single set up. For
the current section, series of runs were performed in order to track the changes in
the instability response of the system due to the change on the shaft length and disk

axial location.
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4.4.1 Effect of Disk Location

Figure 4-28 is the threshold of instability trend for a model with the shaft
length of 300 mm. Notice the increasing trend in threshold of instability. A good
correlation was noticed of third order which is labeled as Poly in the figure. There
was found a qualitative change in trend for other shaft lengths, refer to Figures 4-28

to 30.

Figure 4-29 is taken from the runs for a longer shaft length (/= 400 mm).
First thing to notice is the rise of the threshold of instability with the same starting
(Station 2) and the reduction of threshold for the last station (Station 18). Another
observation is the change in the response of the system when the disk is located in
the first half of the shaft, where the threshold of instability is not significantly
increasing, unlike the second half of the shaft. The mid span acts as border point
between the two episodes of response. These observations suggested to increase the
shaft length further, /=600 mm, to evaluate the response (Figure 4-30). Contrary to
the previous trends which show increasing and flat trends, the threshold for the first
half of the shaft showed a reduction in the threshold of instability for this setup.
This implies that moving the disk far away from the fluid film bearing may rather
worsen the instability for the first half of the shaft. Actually, the threshold of
instability 1s minimum in the mid span and increases afterwards. Figure 4-31

gathers five trends for comparison.

Each of the curves shown in Figures 4-31 presents the results of eight
models in terms of non-dimensional disk location. As mentioned previously,
bearing load was affected by the disk location. This accommodation was not dealt
with in the literature and an assumption was made to ignore the disk loading effect
on the bearing load. In the models, the disk was moved from station two (closest to
the fluid film bearing) to station 18 (closest to the sleeve bearing). To have
comparable results, station numbers are used rather than the physical length, and so,

each step movement is 10% of the total shaft length.
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4.4.2 Effect of Shaft Length

A similar approach was done to evaluate the effect of the shaft length on the
threshold of instability. The results are plotted in Figure 4-32, in terms of non-

dimensional shaft length.

The general effect of increasing shaft length is to reduce the threshold of
instability. With the shaft length increase, the threshold of instability approaches an
asymptotic lower limit, regardless of disk location. However, it was noticed, as
discussed in the last section, that the effect of both shaft length and disk location are
linked together. This link is more pronounced in the cases of shorter shafts. Notice
the large effect of the disk location in the case /2R = 20 shaft length compared to

the minor effect on comparing to //2R = 80.

Moreover, it is clear from the same figure that there are two main episodes
of response, before and after Station 15 (/7 = 0.75). When the disk location is in
station 15 or further, the shaft length has a definitc decreasing effect on the
threshold of instability. However, if the disk is closer than Station 15 to the fluid
film bearing, the shaft length effect may decrease or increase the threshold of

instability depending on the disk location.
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4.5 Generating/Improving Plots

Due to the limitations found in the ADRE, as discusses in the previous
chapter, the vibration data was exported to spread sheet environment for further
processing and producing other plots. In this section, the mathematics used to

produce those plots is presented briefly along with sample calculations.

Some plots were generated just by imposing some variables from different
tests on the same plane- an important analysis feature that was not available in the
ADRE program. An example for this is the Bode plot for tests with different
unbalance masses. See Figure 3-25. Other plots were not raw data and codes similar
to those used in ADRE were adapted. Figure 4-33 shows the regenerated SACL
plot as a first step in generating the other plots. Figure 4-34 is for the same data
processed from ADRE, given just for comparison. The flow chart in Figure 4-35 is
used to produce Figure 4-33. In this two dimensional plot, the corresponding signal
is stored as negative gap voltage which is related to the physical relative distance
between the shaft and the probe. Using the technical specifications of the
instrumentation system, the gap voltage can be converted to horizontal and vertical
physical relative distances. After some further processing, the SACL is constructed
by plotting the compensated vertical distance versus the compensated horizontal
distance. Sample calculation on raw data (Table 4-4) is presented to calculate

SACL as follows:
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Flow chart for generating SACL

Hor Gap Ver Gap
voltage (-ve) voltage (-ve)
Take Absolute value
Ver Gap
Hor Gap voltage (+ve)
voltage (+ve)
Multiply by scale factor
Hor Gap Ver Gap
distance, e, distance, ev
Subtract Reference
Compensated 5| PlotVervsHor | CompensatedVer
Hor Gap distance Gap distance

Shaft Average Center Line Plot

Figure 4-35 Flow chart for generating the SACL plot

Table 4-4 Sample calculations for SACL plot

Shaft |Vertical Gap|{ Horizontai Ver Hor [Compensated|Compenstade
Sample | Speed, | Voltage, |Gap Voltage,| Distance, |Distance,|Ver Distance, [Hor Distance,
number| rpm \' V mil mil mil mil
2 0 -10.2 -11.5 51 57.5 0 0
3 350 -9.62 -10.7 48.1 53.5 2.9 4.29
24 670 -9.02 -10.1 451 50.5 5.9 7

Referring to Table 4-4, Sample 2 is for static shaft, where the shaft is in direct
contact with the bearing, Sample 3 is for slow role condition and Sample 24 is for a

speed above the slow role condition.

For Sample 2:
Absolute value of the vertical probe Gap Voltage (V DC) =10.2 V DC
Absolute value of the horizontal probe Gap Voltage (V DC)=11.5V DC
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Distance between the shaft and vertical probe = 10.2 V DC/ 0.2 (V DC/mil) = 51.0
mil (The scale factor for the probe used is 0.2 V/mil)

Distance between the shaft and horizontal probe= 11.5 V. DC/ 0.2 (V DC/mil) =
57.5 mil

The above two distances will be considered as reference (0,0) i.e. origin of the
SACL plot for the coming calculations.

For Sample 3.

Distance between the shaft and vertical probe= 9.62 V DC/ 0.2 (V DC/mil) = 48.1
mil

Distance between the shaft and horizontal probe= 10.7 V DC/ 0.2 (V DC/mil) =
53.5 mil

Compensated vertical relative distance= 51.0-48.1=2. 9 mil (upward)

Compensated horizontal relative distance= 57.5-53.5=4.29 mil (to the right)

Calculations of other samples, ¢.g. Sample 24, are the same.

The shaft average eccentricity ratio (&) plot is constructed based on the
flow chart in Figure 4-36. First, the eccentricity is calculated for both the horizontal
and vertical coordinates of the shaft position, with respect to the bearing's center.
Then, the eccentricity from its horizontal and vertical components is calculated as a

vector (magnitude and angle), and plotted as a function of shaft speed.

Both compensated horizontal and vertical distances are calculated as in the SACL

plot. Sample calculation of the £ plot, based on Table 4-5, is as follows:

For Sample 3:

Horizontal Eccentricity, eh = compensated horizontal distance-0 (since the shaft

starts moving from zero on the horizontal axis)= 4 mil
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Vertical Eccentricity, e, = compensated vertical distance -8 (since the shaft starts

moving from the lowest point in the vertical axis, i.e., the radial clearance) =

-8+2.9=-5.1 mil. Hence, ¢ is found as

e=4e’n +e’ /C=0.810

Attitude angle, ¢= tan'(vertical eccentricity/ horizontal eccentricity) *180°/

+90° = tan™! (-5.1/4) *180°% z +90°= 38.1°

Notice that the additional 90° is to have the vertical axis as the starting point, refer

to Figure 4-5.
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Flow Chart for SAERV Calculations

Hor Ecc, x Calculate Ecc < Ver Ecc, y
Calculate FTh
Calculate ¢ = arctan(y/x)+90° Calculate ¢ =Ecc/C
y 4
Plot angle vs rpm Plot ¢ vsipm i« rpm

3
3
v

y

y

Transient position angle Plot

Transient ¢ Plot

\/

SAERYV Transient Plot

Figure 4-36 Flow chart for ¢ calculations

After the calculation of ¢ for all samples, a mapping between the variables

can be made to generate the plots of interest in terms of &. An example plot is

given in Figure 3-34.
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Table 4-5 Sample calculation of €

Compensated| Compensated Ecc Attitude
Samples‘:es‘d‘ Ho'? Disp, Ve?' Disp, Hor '.EICC’ Ver !.EICC’ Magnitude,|{ ¢ angle,
P mil mil mi m mil deg
1 0 0 0 0 -8 8 1 0
2 0 0 0 0 -8 8 1 0
3 350 4 2.9 4 -5.1 6.48 0.810f 38.1
4 370 5 3.5 5 -4.5 6.72 0.840] 48.0
5 391 6 4.45 6 -3.55 6.97 0.871] 593
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CHAPTER 5

CONCLUSIONS AND RECOMMENDATIONS

This chapter provides a summary of the conclusions drawn from both
experimental and numerical works in addition to some comments on the

experiments and recommendations for future work.

5.1 Concluding Remarks

The main types of fluid induced vibrations encountered with radial fluid
film bearings, oil whirl and whip, are affected by bearing design, lubrication system
and rotor configurations (which are studied in this thesis). Fluid related natural
frequencies of the system are heavily dependant on the rotor speed and the behavior

of the shaft journal inside the fluid film bearing.

Whirl and whip are more dangerous than the synchronous vibration because
damping plays a limited role in controlling the vibration amplitude in this case
unlike what happens in a typical mechanical resonance where damping suppresses
the vibration amplitudes. Also, compared to the traditional resonance, the whirl will
not stabilize with increasing the shaft speed because the natural frequency moves

with the speed. This fact was seen in both experimental and theoretical works.

The disk location from the fluid film bearing, /, shaft length, /, and

unbalance mass, m,, of the rotor were examined by a series of tests conducted on
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the rotor kit. The standard plots of orbit, SACL, cascade and other plots were

helpful in the analysis.

Experimental raw data were exported to compare and generate new
variables which were very helpful in understanding the problem. A critical speed
comparison is presented in Table 5-1. Clearer picture of the rotor behavior was

found by tracking response versus transient average eccentricity ratio vector.

Table 5-1 The & as a function of speed

] e el e T e
60 400 4600 5200 11.5
120 400 3000 3420 12.2
200 400 2600 2820 7.8
280 400 3000 3070 2.3

The computational work dealt with the changes on the instability vibration
signature due to altering the mechanical structure of the system: disk location and
shaft length. The orbit, time waveform, spectrum and other plots were used for the
analysis. In addition, the stiffness and damping calculations were preformed for the

rotor kit set up.

Increasing effect on the instability threshold and instability frequency were
revealed by moving the disk away from the fluid film bearing. The disk location
was found to be a prominent factor on the threshold of instability. It even affects the

response related to the other two parameters, / and m,,.

The shaft length was found to be reducing the instability threshold in a
nonlinear way. Tests were done with similar configurations (e.g. disk was kept in

the mid span) to remove the effect of disk location.
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Although the mass unbalance produces synchronous vibrations, it also
influences the subsynchronous instability especially around the critical speed range
and reduces its amplitude in some cases. Explanation of the reduction was found
from the shaft average eccentricity ratio vector plots, where the unbalance force
pushes the shaft to a higher eccentricity and reduces the subsynchronous instability

vibrations on the expense of increasing the synchronous vibration amplitude.

The unbalance has a minor effect on the instability frequency. This was
found true even if the unbalance force was large (more than 6 times the system’s
weight itself, in some cases). The general trend for the instability threshold is that it

decreases with the increase in the unbalance weight, m,,.

The value of the shaft average eccentricity ratio, &, may be used for
predicting the stability threshold. This could be misleading because the bearing
properties are dependant on the shaft position, which is not static. One has to check

carefully the difference between the effects of the following points:

* As the speed increases, the ¢ decreases and the

bearing effective stiffness will decrease.

* As the speed increases, the dynamic shaft
eccentricity ratio may/may not increase
depending on the applied forces and existing
stiffness. Nevertheless, if the dynamic shaft
eccentricity ratio increases the bearing stiffness

will also increase.

The shaft average eccentricity ratio, ¢, works as a limiting factor for the
Journal's motion because the vibration amplitude cannot exceed the bearing

clearance, i.c., the value of ¢ value cannot exceed 1.
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The instability vibration amplitude will increase until a limit cycle will be
reached, when the instability vibration amplitude increases to the diameteral
clearance of the fluid film bearing clearance. This perfectly explains the reasons
behind starting the instability and reaching to a constant vibration amplitude

thereafter in all the experiments.

In other words, though the vibration amplitude is an effect, the amplitude
itself is also an important cause to change the bearing properties especially if the
amplitude is large. In the bearing property charts, the large vibration amplitudes are
represented by large eccentricities (smaller Sommerfeld numbers) which are related
to very high values of bearing stiffness. Those cases are to the left of the

Sommerfeld number charts.

Since the whirl/whip vibration is a circular orbiting, the corresponding
reaction forces (stiffness and damping) will be also rotating and they will have a
cycling frequency. If this concept is combined with the fact that the instability
vibration has a certain frequency, one can conclude that during the instability the
bearing properties are also increasing or decreasing in the periodic fashion with a
frequency equal to the vibration frequency AQ for the whirl and rotor natural

frequency for the whip.

Another representation to this scenario can be built if the shaft motion is
traced as the whirl/whip vibration moves. In this case the minimum fluid film
thickness (= 1 — ¢ C) will be known and constant in value but yet moving with time
around the bearing clock. If a coordinate transformation is introduced, the motion
of the fluid film thickness can be frozen. An equivalent interpretation was given by

Muszynska in [1].

Instability vibration behavior was found to be unrepeatable in the case of

startup compared to the shutdown as can be seen from Figure 5-1. For a system
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with a potential instability, the ¢ reduces with the speed as shown from the
numerical prediction in Figure 5-2 for a particular case. There exists three ranges
concerning the stability (Figure 5-3) based on the large number of the experiments

conducted:

L. Totally stable range: according to a
statistics made on the experimental
setups, the rotor is always stable when

the speed is 2320 rpm or less.

2. Start up stable range: this covers a range
of speed above the previous range and
before the threshold of instability. This
region is stable in the startup but not
stable during shutdown once the system

has gone into instability.

3. Totally unstable: after the instability
starts with increasing the speed,
regardless of increasing or decreasing

speeds.
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Figure 5-2 Behavior of ¢ as speed increases
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Figure 3-3 Stability regions

It was also noticed that a frequency jump may occur at higher speeds, where
the instability vibration mode shape can change. Refer to Figure 5-4, for the two
cases of increasing and decreasing the instability frequency. In such cases, the shaft

average centerline also shows a noticeable cycling around its center (Figure 5-5).
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Figure 5-4 Sudden increase (up) and decrease (down) in instability frequency
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5.2

After exporting and analyzing the raw experimental data, the relation
between the rotor speed and instability frequency was found overlapping despite of
the ramp (startup or shutdown) in the transient conditions. Tracking whirl
frequency showed excellent linearity where the slope is the instability order.
Available data acquisition cannot process such variable order tracking. An example

is shown in Figure 5-6.

3000 |
2500 |
2000
1500 -
1000
500

0 2000 4000 6000 8000 10000 |
Speed, rpm

—0g 04g ----08g - --12g

Figure 5-6 Linear relation shows a slope of order

Comments on Setup

Oi1l discharge pressure was adjusted manually prior to and during the
experiment. A difficulty is faced in keeping a steady pressure value. The pressure
jumps suddenly at two instances: when the instability appears (startup) and when it

disappears (shutdown). A typical pressure change is of 0.3 psi.

For research purpose it is better to improve the frequency resolution to 10
cpm by increasing the resolution. Another alternative is applying the interpolation

equations developed in applied vibration engineering field. This feature is utilized
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5.3

for instance in CSI instruments but could not be applied on the experiments because

the ADRE cannot export the dynamic/spectral data.

Ramp rate (up and down) could be adjusted to less than 5000 rpm/min.
Experiment time consumed is directly proportional to the ramp rate. Most of the

experimental data were collected under the following conditions:

Spectral Lines, N, were 400 lines (ADRE/DAUI system is limited to either
400 or 3200 lines). Frequency Span, Frax, was 30000 cpm and 12000 cpm in some
cases to zoom the results. Applied Window was Hanning. Ramp rate was 5000
rpm/min. Based on this information, some data acquision and signal processing

parameters of concern are as follows:
The resulted min resolution frequency resolution = Fyy,x/lines:
12000 ¢cpm/400 = 30 cpm (for the plots with Fpa=12000 cpm)
30000 cpm/400 = 75 cpm (for the plots with F,,x=30000 cpm)
Data acquisition time, DAT= N/F .« = 400/150 = 2.66 sec at 150 Hz (9000 rpm).

The 8-revolution data acquisition time, 8-rev DAT = 8* (1/150) = 0.0533
sec at 150 Hz (9000 rpm).

Approximate number of samples collected during each experiment (startup
and shutdown) is: 800-880 Vectors and 60-90 Waveforms. The samples are
sufficient but recommended to be increased to 1200 and 100, respectively. A finer
sampling based on speed triggering can be applied close to the instability threshold

region.

Recommendations for Future Study

Future studies are recommended to cover the parameters of the fluid film

bearing itself, such as the oil pressure, viscosity and flow rate.
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A feedback signal and automated control system is recommended to control
the pump pressure inaccuracy and to avoid the sudden pressure changes due to the

whirl/whip.

Measures are needed to isolate the test foundation from the test rotor to
avoid any foundation structural resonance. It is advisable to improve the mounting
of the kit on the table to prevent major structural natural frequencies below 20000

cpm.

To enhance the numerical output, it is recommended to impose the
experimental shaft position and vibration values in the evaluation of the bearing
parameters (stiffness and damping). A suggested flow chart is presented in Figure

5-7.

Improvement of accuracy on the vibration amplitudes will not result in
extra information. This is true because the order of the amplitude error is negligible
compared to the actual amplitude values. Frequency accuracy is a possible area to
improve. This may include an increase in spectral lines, reduction in ramp rate and
increase in data acquisition speed as discussed in the signal acquisition and

processing.

For the instability applications (for known frequency range of interest), the
use of broadband filters for 0.4X to 0.5X is helpful in trending rather than specific
frequency, e.g. 0.475X. Tape recorder is an excellent choice for post experiment
signal processing. If possible, one can use a hardware/software with higher
resolution lines. Furthermore, a software can be utilized to find the interpolated

frequencies to improve the accuracy of the frequency and amplitude values.
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It is also good to use a software with the ability of exporting all data to other
environments in a tabular format. Available commercial ADRE versions are able to

export vectors but not the spectra or waveforms.

Flow chart for the improvement Numerical Results

SAERV | ] Sommerfeld Stiffness and Damping
Calculation Calculations Calculations

User Defined

X]-Rotor X1-Rotor Model Bearing File

Results Calculations

Figure 5-7 Flow chart for experimental based bearing properties calculation
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